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Abstract

Effective control of propeller-induced vibration (PIV) is crucial not only in reduc-

ing underwater sound radiation from submarine hull structures, but also in noise

analysis and control of unmanned underwater vehicles. PIV is generated by hydro-

dynamic interactions between the running propeller and the non-homogeneous wake

field. It propagates along the propeller shafting and transmits into hull structures,

which are subsequently excited thereby radiating sound into the surrounding field.

Traditionally, control of PIV is challenging not only because the thrust-delivery

shafting does not allow insertion of elastic components to dissipate dynamic energy

but also because a practical propeller-shafting system is normally characterised by

nonlinearities, uncertain parameters and unknown disturbances, all of which require

more advanced control structures. This thesis aims to develop an adaptive nonlinear

controller to actively regulate the PIV energy transmitted into hull structures by

systematically addressing the issues of system dynamics, controllability, actuating,

uncertainties and nonlinearities.

PIV control directly contributes to the attenuation of sound radiation from the

ship hull. To support current theoretical understanding of the links between sound

radiation and PIV excitation, experimental studies were conducted on a torpedo-

shaped structure. Trends linking sound radiation patterns to corresponding struc-

tural vibration modes were observed; however, these do not totally agree with exist-

ing theoretical analysis because of the unique boundary conditions imposed by the

special geometries of the torpedo ends.

The adaptive nonlinear control began with examining the dynamics and control-

lability of the propeller-shafting system. Zero dynamics were investigated first to

analyse the hidden properties of the primary system, which is critical to the success
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of control implementation. It was found that the propeller-shafting system has

stable zero dynamics that possess input-to-state stability. Controllability of the

system is further linked to the change of shafting response under the control when

PIV energy is diverted into the shafting. The trend of change was found depending

on configurations of the primary system. Different scenarios of configuration were

examined, and results show that there exist a range of systems where the shafting

response is decreased on successful control of bearing house response.

An active magnetic actuator (AMA) was developed to apply active control force.

First, a force-current model of a single-sided magnetic actuator was derived with

consideration of practical constraints. Optimal design of the actuator structure was

investigated to maximise AMA force capacity. A double-sided AMA model was

then developed with special attention paid to the distribution of forces between the

two single-sided AMAs, where a differentiable distribution function was proposed.

Experimental studies were conducted to examine the practical properties of the

AMA with observations summarised and presented in this thesis.

Backstepping techniques were used to design the nonlinear controller. At first,

the system was assumed certainty equivalent where the controller focuses on ad-

dressing the nonlinearities arising from the interaction between the AMA and the

propeller-shafting system. Simulations indicated that the controller was successful

in regulating the dynamic energy flowing into the hull structures. The performance

of the nonlinear controller were analysed in detail, which showed that the control

structure could be optimised with proper selection of design constants. Following

that, more complicated control structures were proposed to tackle system uncer-

tainties, unknown disturbance and oil film nonlinearities. Lyapunov-method based

parameter estimators and a disturbance observer were developed and incorporated

into the backstepping controller. Finally, a comprehensive adaptive nonlinear con-

troller combining all proposed methods was constructed and simulated, which effec-

tively minimised the amount of PIV energy transmitting into hull structures in the

presence of strong system uncertainties and nonlinearities.
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Chapter 1

Introduction and Literature

Review

1.1 Introduction

Propeller-induced vibration (PIV) is a major source for excitation of the hull struc-

ture of a submarine or unmanned underwater vehicle (UUV), which, in turn, radiates

sound into the surrounding media. The dynamic excitation generated by a running

propeller is the result of its interaction with the non-homogeneous wake field in which

it operates. Typically, propeller-induced excitation consists of two independent sys-

tems that have entirely different transmission paths. These are the hull pressure

forces and moments which is strongly influenced by cavitation phenomena on the

blades, and the propeller shaft forces and moments. For most deep water applica-

tions, like submarines and UUVs, the cavitation occurrence is effectively suppressed

by the high static water pressure. Consequently, the propeller shaft force becomes

the dominating propeller-induced excitation under these circumstances.

The axial propeller shaft force, or PIV excitation, propagates along the shafting

and transmits into hull structures predominantly via the thrust bearing. Typical

PIV excitation has strong tonal components at the low frequency range, which con-
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tains the blade passing frequency (BPF)—product of propeller revolution and blades

number—and its lower multiples. It is the main contributor to sound radiation from

hull structures at the low frequency range, where corresponding tonal components

can be clearly identified in the underwater noise signature.

Effective control of PIV contributes to better stealth performance of a submarine.

The tonal components of sound radiation at low frequency contains characteristic

information, which will endanger the operating submarine should it be detected

by hostile sonars. Excellent stealth capacity also allows closer attacks on enemies

with better accuracy. Control of PIV is also important in UUV applications. The

background noise radiated from a UUV needs to be low enough to avoid interference

with normal operations of underwater surveying, tracking, exploring and measuring.

Control of PIV however is a challenging task. The fact that PIV transmits along

the same shafting that carries enormous net thrust means that the traditional solu-

tion of inserting elastic components into the transmission path is extremely difficult

because the shafting will be softened and its capacity of delivering net thrust will

be severely impaired. Further, a typical propeller-shafting system of a submarine

is characterised by the following: nonlinearity, where the dynamic properties of the

oil film of the thrust bearing have strong nonlinear properties; system uncertain-

ties, where it is extremely difficult to accurately model the parameters of bearing

oil film, bearing foundation and those uncertain dynamics existing in the system;

and unknown disturbance as the PIV force is not able to be accurately computed

or measured. All of these inherent properties are challenging issues that require

advanced control structures to manage them.

Early researchers have tried passive control techniques to attenuate PIV excita-

tion, where the focus has been on passively absorbing or dissipating the dynamic

energy transmitting along the shafting. Although straightforward in operation and

requiring no external energy, the effectiveness of passive controls is limited to a nar-

row band close to the frequency to which they are tuned. These limitations have led
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to the consideration of various active control systems, including pneumatic servo-

control system, adaptive resonance changer and auxiliary magnetic thrust bearing.

These active control systems were constructed in different ways to control PIV or

sound radiation caused by PIV. However, there are shared questions that have not

been clearly answered in these studies, which are critical to the control of PIV on a

practical plant. To this end, this thesis proposes an active adaptive nonlinear con-

trol structure that aims to minimise the dynamic energy of PIV excitation flowing

into hull structures by systematically addressing the following issues:

Issue 1: System modelling—Is linear modelling adequate for reflecting

the dynamic properties of the system?

As pointed out in previous studies, there were significant inconsistencies be-

tween the theoretical and experimental sensitivity analyses of the propeller-

shafting system under control [54, 55]. This gives an indication that linear

modelling of the system is too simple to truly reflect core properties of the

structure. Ignoring or linearising all nonlinearities existing in the system might

not be suitable; reasonable inclusion of critical nonlinear effects is essential to

understand and control how the structure operates practically.

Issue 2: Controllability—Is the propeller-shafting system controllable?

The controllability of the propeller-shafting system has not been addressed in

detail in publicly available literature. Two main aspects of the controllability

issue arise here: whether hidden dynamics of the system under control exist

and how they behave and the effect of non-dissipated dynamic energy. In a

pure active control scheme, the PIV energy is only diverted without dissipation.

In this application, the diverted energy will be flowing into the shafting, which

raises the questions of how the shafting response will be affected by the energy

and whether the shafting would necessarily result in an increased axial motion?
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Thorough research will demonstrate that the answers to the above questions

are not straightforward.

Issue 3: Actuating choice—What type of actuator fits the application

best?

The choice of actuating structure should suit the needs and configuration of

the propeller-shafting system. First, the actuator should be able to apply con-

trol force without interfering with shafting rotation. In addition, the actuator

needs to efficiently produce a relatively large force with a compact size. The

dynamic motion of the propeller-shafting system is normally small and it re-

quires the actuator to be sensitive enough to the change of system response,

while being robust enough against noise disturbances. Further, as the system

is self-contained, the effect of the extra transmission path introduced by the

actuator should be considered. Finally, optimisation of the actuating system

should be possible, which is of practical interest, particularly with multiple

physical constraints presented.

Issue 4: Controller option—Is a linearisation controller or nonlinear con-

troller more suitable for PIV control?

The nonlinear effects that need to be modelled into the system include oil film

dynamics and actuator dynamics. They have strong nonlinear dependencies on

either the control input or the system response or both. It is hard to linearise

the plant and apply linear control techniques to achieve the control goals, par-

ticularly with system uncertainties presented in the system. The backstepping

control method is one of the nonlinear options for addressing nonlinearities.

It is effective, robust and relatively straightforward to implement, with only

a couple of measurements of state variables required. More importantly, this

type of nonlinear control structure is flexible in incorporating parameter esti-
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mators or disturbance observers based on Lyapunov functions.

Issue 5: System uncertainties—Why is adaptive control essential?

It is difficult to accurately model system parameters for the propeller-shafting

plant because of the complexity of submarine structures. For instance, the stiff-

ness and damping of the bearing foundation and the oil film are susceptible to

substantial errors of either theoretical computation or practical measurements.

There are also dynamics that cannot be modelled but do exist and influence

the response of the propeller-shafting system; for instance, the damping aris-

ing from the interaction between the propeller and water, or the axial stiffness

of radial bearings. It will be extremely difficult for a non-adaptive controller

to handle such a structure where the variation of parameters may result in

drastic degradation of the controller performance or even destroy the stability

of the controller. It is apparent that adaptive control has great advantage over

non-adaptive control in this application.

It is important to remember that the ultimate goal of PIV control is to minimise

sound radiation from hull structures. Therefore, it is essential to examine the links

between PIV excitation and sound radiation before addressing the above-mentioned

issues in detail. Chapter 2 of this thesis provides detail on the experimental investi-

gation of sound radiation from a torpedo-shaped cylinder subjected to an axial PIV

excitation.
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1.2 Research Overview

The work presented in this thesis is divided into seven chapters. In the remainder of

Chapter 1, a literature review on previous work related to this research is given. Past

studies on propeller-induced vibration, sound radiation from cylindrical structures,

control of PIV excitation propagating along shafting and the characteristics of the

propeller-shafting plant are summarised in subsection 1.3.1 to 1.3.4. A brief review

of the development of adaptive control and nonlinear backstepping control and their

application in the control of mechanical vibration is given in Subsection 1.3.5, which

is followed by an overview of the active magnetic bearing (AMB) and actuator.

Chapter 2 presents the experimental analysis of sound radiation from a torpedo-

shaped structure under PIV axial excitation. To study the dynamic characteristics

of structural response and subsequent sound radiation experimentally, a torpedo-

shaped cylinder was designed to simulate a simplified submarine structure. The

designed structure model and the experimental setup are given in section 2.2 of this

chapter. Experiments were conducted to investigate the vibrational response of the

torpedo structure, where modal frequencies and modal shapes have been identified,

and these are detailed in section 2.3. Attention has been given to the effect of the

unique boundary conditions on the vibration modes, and comparison and comments

against classical cylindrical shell theories are given. After obtaining the structural

response of the torpedo under axial excitation, sound radiation corresponding to

each vibration mode was closely examined in an anechoic chamber. The maximum

sound pressures at different modes and the directionality of sound radiation patterns

are summarised in section 2.4. The effect of the anechoic chamber background noise

and internal sound sources on sound radiation were analysed. Observations and

discussions are given with particular focus on the boundary-imposed asymmetric

radiation patterns.

Chapter 3 presents dynamics analysis and controllability analysis of the propeller-
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shafting system. The characteristics of the PIV are presented. The system is charac-

terised with system uncertainties, unknown disturbance and system nonlinearities.

System modelling without actuator details is then given, which is the basis of the

dynamics and controllability analysis in later sections of this chapter. The modelling

focuses on the transmission path through which the dynamic energy flows into the

structure; reasonable simplifications were applied to the internal components of the

shafting. The hidden dynamics of the propeller-shafting system is then examined

carefully, which is critical to the stability of the controller. The remainder of the

chapter presents the results of the controllability analysis of the system. The effect

of the diverted PIV energy on the controlled system is related to the configurations

of the primary plant. The change of shafting response under control at different

system configurations was analysed and simulated, and the simulation results are

presented with observations and comments.

Chapter 4 presents the active magnetic actuator (AMA) design and analysis.

The force generated by a single-sided magnetic actuator is first introduced and the

derivation of the magnetic force is presented. The constraints that govern the per-

formance and design of a practical AMA were analysed. An optimal design method

based on these constraints is given with the specifications of the optimised AMA

summarised in Section 4.3. Following the analysis of a single-sided AMA, a double-

sided AMA model is presented using superposition principles. To enable differen-

tiability, a special function is proposed in this chapter for the smooth distribution

of the superposed force between the two single-sided AMAs. Experimental studies

were carried out to examine the practical properties of a real magnetic actuator.

Chapter 5 presents the design of a nonlinear backstepping controller for the

certainty equivalent system. In this chapter, system uncertainties were excluded

temporarily with all parameters assumed known. A quick brief on the concept of

the backstepping nonlinear control is given at the beginning of this chapter. The

nonlinearity arising from the interaction between the actuator and the propeller-
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shafting system was added to the primary system model to form an augmented

nonlinear system. The main results of the controller design are reported in steps.

The simulation of the controller is presented in the section of 5.4 with observa-

tions and comments given. The performance of the controllers is affected by design

constants. The analysis of controller performance under different choices of design

constants are summarised in the section of 5.5. The designed controller forms the

basis for a more sophisticated structure of adaptive nonlinear control, where oil film

nonlinearities, parameter uncertainties and unknown disturbance are included and

addressed.

Chapter 6 presents the work of adaptive nonlinear controller design for tackling

system uncertainties, unknown disturbance and oil film nonlinearities. The non-

linear controller proposed in this chapter is more comprehensive. First, to handle

the parameter uncertainties, adaptive estimators were designed and incorporated

into the nonlinear controller developed in Chapter 5. The performances of the over-

parametric parameter estimators were analysed and summarised. The adaptive

design was simulated and presented in Section 6.2. The chapter then summarises

the work of solving the issue of unknown excitation induced by the propeller. A

Lyapunov-method-based disturbance observer was proposed and analysed, as well

as an alternative way of expressing unknown PIV using known state variables. In

the fourth section, the nonlinear dynamics of oil film were investigated with a non-

linear model proposed containing unknown oil film constants that could be handled

with adaptive methods. The oil film nonlinearity was then included in the sys-

tem model and a new backstepping controller was designed and analysed. Finally, a

comprehensive controller that was constructed based on the backstepping controller,

adaptive estimator and disturbance observer is presented. The performances of the

comprehensive controller were simulated and results show that the controller is ca-

pable of tackling all issues in combination. Simulation results are presented in the

last section of this chapter.
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Chapter 7 concludes the thesis. The main conclusions that were drawn in the

previous six chapters are summarised. Suggestions are also given for subsequent

future work on the topic of this research.

1.3 Literature Review

Limited non-classified literature is available on the control of PIV because of the

sensitive nature of this topic. However, literature can be found on broader topics

related to this research. The following review of existing work on these extended

topics is organised into six sections. A brief overview on the excitation induced by a

running propeller is given first in section 1.3.1, where previous work in understand-

ing its formulation, characteristics, computation and measurements are included.

The ultimate goal of controlling PIV is to minimise sound radiation from the hull

structure. Therefore, it is helpful to examine existing research on establishing the

links between PIV excitation and sound radiation, and this is presented in section

1.3.2. Section 1.3.3 presents a review of limited literature from previous studies on

the control of PIV, where comments and analysis are also given. Further, the inher-

ent challenging properties of the propeller-shafting system are reviewed in section

1.3.4 based on current understanding from different literature resources. This is

followed by section 1.3.5 with a review of the adaptive control and nonlinear back-

stepping control techniques, whose unique features, advantages and applications in

vibration and motion control are discussed. Section 1.3.6 gives an overview on the

development and applications of the magnetic bearing and AMA, which is helpful

in understanding the actuator design presented in this thesis.

1.3.1 Propeller-induced vibration

The vibratory excitation induced by a running propeller was brought to the attention

of the shipbuilding industry more than half a century ago when a rapid increase in
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the size and power of ships began. Much literature is available between 1960s to

1970s that was dedicated to investigating the PIV and its effect on hull structures.

A collection of the literature is summarised and listed in [1].

The hydrodynamic aspects associated with a running propeller predominantly

contribute to vibratory excitation, as indicated in [2–4]. To generate required propul-

sion thrust, the propeller must be loaded by absorbing power from the main engines.

Although the nominal wake flow along the hull in the vicinity of the propeller is

mostly characterised by the hull geometry, the propeller loading will change that to

form the so-called effective wake field. As commented in [2], the non-homogeneous

structure of the effective wake field then causes the blade loading to fluctuate with

time, which subsequently leads to a change in cavitation patterns. The final result

of this multi-component, multi-related interaction is that the unsteady loading and

cavitation produce a fluctuating pressure field on the hull and the propeller, which,

in turn, excite the hull girder and the shafting.

Hylarides [2] pointed out that hydrodynamic excitation could be considered to

consist of two virtually independent systems, which will be generated and transmit-

ted to the ship’s hull in entirely different manners. These include:

(i) hull pressure forces and moments

(ii) propeller shaft forces and moments.

Hylarides [2] further stated that the former is generated by the fluctuating pressure

field on the blades, which is influenced considerably by the occurrence of cavita-

tion on the blades. Researchers have shown that cavitation number has a direct

dependency on the static pressure head [6]. For most underwater applications, like

submarines or UUVs, the depth of operations is normally large and cavitation is ef-

fectively suppressed by the high static water pressure [7]. Consequently, hull pressure

forces are far less significant and the propeller shaft forces become the dominating

source of excitation under these underwater conditions.

The vibratory forces generated at the propeller propagate along the shafting and
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transmit into the ship’s hull through the bearings. They are also called bearing

forces. Schwanecke [8] suggested that the forces could be discovered using strain

gauge pickups with model tests or be calculated approximately using the nominal

wake distribution obtained from model tests. It should be noted that the bearing

forces occur along three directions of the shafting: axial, radial and tangential.

Often, the radial and axial components are of similar magnitude [9], and this thesis

aims only to control the transmission of the axial excitation.

The lower frequency range of the propeller-induced axial excitation is of great

importance. Generally, this range contains the BPF frequency and its lower mul-

tiples. These excitations contribute greatly to sound radiation at low frequencies,

where corresponding tonal components can be clearly identified in the sound radi-

ation spectrum. Normally, tonal components are complemented by random com-

ponents caused by turbulence in the wake flow at entry to the propeller and over

the blades [10]. Figure 1.1 [11] is a typical noise signature when the propeller is

in its non-cavitating state. The distinct tones associated with the blade passing

frequencies can be clearly seen along with a broadband noise at higher frequencies.

Figure 1.1: Non-cavitating noise of a submarine propeller [11]
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1.3.2 Sound radiation from cylindrical structures under

propeller-induced excitation

As propeller-induced axial excitation propagates along the shafting and transmits

into hull structures via bearings (predominantly the thrust bearing), it tends to ex-

cite the shell of the vessel to radiate sound. Depending on the mechanical properties

of the hull structures and the excitation, vibrational modes of the shell may or may

not be excited. The understanding of sound radiation from such a structure under

PIV excitation is far from complete because of the complexity of the submarine hull.

Structure-borne sound has been intensely studied by many researchers [12–14]

for decades, especially on the theoretical side. Many papers can be found on the

topic of sound radiation from vibrating sources of either baffled pistons or simply

supported plates. For more practical structures, researchers [15–17] have also in-

vestigated the characteristics of sound radiation from structures like beam-stiffened

plates, corrugated plates and sandwich plates. However, clear understanding of the

principles, mechanisms and properties of sound radiation is still confined to simple

geometries with ideal boundary conditions. When dealing with more complex real-

life structures, it becomes difficult to extend the theories because of the complexity

of their geometries, boundary conditions and material distribution properties.

It is of particular interest to investigate sound radiation from cylindrical shells,

as most underwater vessels use this shape. A typical submarine structure consists

of a cylindrical shell with a hemispherical shell at one end and conical shell at the

other. Understanding the mechanism of structural-borne sound from such a struc-

ture is important for the prediction, optimisation and control [18] of underwater

sound radiation. The vibration of a continuous shell structure is complicated be-

cause of the added complexity of curvature and sophisticated boundary conditions.

Equations describing the free vibrations of cylindrical shells have been studied by

many researchers and have been used without united agreement. This work has
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been well summarised by Leissa [19].

For a uniform, thin cylindrical shell, general solutions have been proposed in [20,

21], where the dependence of natural frequencies on shell dimensions and mode num-

bers can be applied to different end conditions, as no assumptions other than those

of thin shell theory were made in those studies. Nevertheless, the most commonly

assumed end conditions for cylindrical shells were either between simply supported

and clamped or between free and simply supported. Knowledge of the dependence

of natural frequency on more complicated conditions is not sufficiently available.

Dispersion and energy distribution of free waves in fluid-filled cylindrical shells

have been examined in [22–24]. It was commented that the behaviour of free waves

strongly depends on the thickness of the shell wall and the ratio of the density of

shell material to the density of contained fluid [23]. Fuller [22] concluded that, gen-

erally, at low frequencies, most energy is concentrated in the shell wall for structural

excitation. Modal densities and the radiation efficiency of un-stiffened cylinders

were examined by Szechenyi [25] using statistical methods. It was claimed that the

solutions in chart form and empirical expressions enable quick assessment of the

properties of different cylinder configurations.

For a torpedo-shaped submarine structure, discontinuity in the structures has an

important effect on the vibrational energy flow among different parts. It adds to the

complexity of structural response and changes the pattern of sound radiation from

the shell. Different types of discontinuities may exist in such a case, for instance, the

discontinued curvature at the joints between the spherical, conical and cylindrical

shells. The discontinuities will affect not only the propagation of the flexural wave

but also that of the in-plane waves in the structure. The effects of wall discontinuities

on the propagation of flexural waves in cylindrical shell were studied in [26,27]. It was

commented that the transmission loss at a change in material was found to depend

most strongly on poor wave coupling; damping was found generally to smooth the

response curves and increase the overall transmission losses.

13



1.3. LITERATURE REVIEW

The direct influences of discontinuity on the sound radiation from a thin limited

cylindrical shell were studied in [28, 29], which in particularly focused on the case

of single local inertial discontinuity. Experimental studies were also conducted to

verify the results [30]. It was noted that the appearance of small discontinuities was

found to lead to strong alternation of sound radiation in terms of acoustic power

and directivity patterns. A comparison between the cases with and without single

local mass indicated that small (one per cent of shell mass) additional local mass

leads to an increase of acoustic power of 10–20 decibels (dB).

More sophisticated models that incorporated different types of practical compo-

nents were developed over the decades, for instance, models considering the influence

from rings and stiffeners [31], double walls [32] and bulkheads [33]. Wu et al. [34]

developed a theoretical model to predict far field sound radiation from a finite fluid-

filled/submerged cylindrical thin shell with porous material sandwich. Subsequent

experimental verification was performed and was claimed to have a good correlation

with the theoretical results. A more realistic model [35] was examined by considering

the floor where more complex mechanical coupling was introduced.

Another important and challenging aspect of sound radiation from submarine

structures is the effect of structure-fluid interaction. Although many studies have

been devoted to this topic and understanding has progressed [?], many of these in-

vestigations were actually based on numerical solutions or quasi-analytical methods

with heavy approximations and simplifications.

To this end, it appears necessary to have reliable experimental results to sup-

port these theoretical work. However, nearly no published literature can be found

providing experimental analysis either because of confidential reasons or because of

the prohibitively high cost of carrying out experiments on a real submarine. To

better understand the links between PIV excitation and sound radiation, this thesis

conducted experimental studies on sound radiation from a torpedo-shaped struc-

ture that was subjected to axial excitation. The work has been published in Wei
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et al. [37] with some interesting observations and comments summarised. Pan et

al. [38] extended the experiments to underwater cases to study the effect of fluid

loading on the structure vibrational response.

1.3.3 Control of propeller-induced vibration

As a general topic, mechanical vibration control has been studied extensively over

several decades. The philosophies behind the control can be simply categorised

as passive vibration control (PVC) and active vibration control (AVC). It is also

common to use them in combination in many practical applications.

Generally, a PVC normally consists of a resilient member to provide resistive

stiffness, and an energy dissipation member. Resilient elements are often used to

de-couple machinery from supporting structures by providing a large impedance

mismatch and are very effective at high frequencies. Adding damping to struc-

tures either as constrained or unconstrained layers dissipates vibrational energy

most effectively at resonance [39]. For a broader band excitation with clearly known

disturbances, the performance of PVC can be improved by optimising system param-

eters [40, 41]. However, this improvement is achieved by compromising the narrow

band suppression characteristics. Further, when the encountered broadband distur-

bances are highly uncertain, passive control will exhibit significant limitations.

AVC is used to compensate for the limitations of passive control with additional

secondary active force. The system is controlled using different algorithms to make

it more responsive to primary disturbances. Over the decades, the theory of active

control and its application to various structures and systems have been discussed

in many studies [42, 43]. An AVC system can take many forms [44]; however, the

important components of any such system include:

(i) Sensor—to detect and feedback system response

(ii) Controller—to command the system with pre-programmed algorithms

(iii) Actuator—to implement control to influence system response.
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More systematic description of the AVC system and theory can be found in [45,46].

Unlike PVC, a category of pure active control does not introduce a mechanism to

dissipate vibrational energy. Although energy dissipation is not a concern for most

ground-mounted structures where external channels for diverting dynamic energy

exist, it does form a critical issue for self-contained system, like a submarine, where

such external channels are not available.

While active and passive control of vibration have been intensely studied and

applied in many other areas, only a small amount of unclassified literature is available

on PIV control and its related topics.

Early researchers have focused on passively absorbing or dissipating the dynamic

PIV energy transmitting along the shaft. The basic idea of these efforts was devel-

oped along with the intense research on the dynamic vibration absorber (DVA).

The DVA was invented in 1911 by Frahm [47]. Its early development was focused

on suppressing the harmonic resonance of the primary system through parameter

tuning. Damping was later incorporated to broaden the effective frequency range.

The optimal DVA has also been studied extensively to reduce vibration on various

structures. To control propeller shaft vibration, Ojak [48] proposed a classical tuned

mass absorber and Mano et al. [49] developed a conventional hydraulic damper to

achieve passive damping.

Goodwin [50] introduced a different type of detuner to reduce PIV force trans-

mission along the propeller-shafting system. It is known as a resonance changer

(RC) that is inserted in the transmission path of the vibratory energy and acts as a

hydraulic DVA. Goodwin [50] modelled the RC as a virtual single degree-of-freedom

spring-mass-damper system. Reduction of the force transmission was achieved by

tuning frequency and optimising the damping rate. It was stated that the results

from sea trials exceeded expectations in eliminating the resonance conditions.

Further to the RC model proposed by Goodwin, Dylejko et al. [51] developed

a dynamic model of the propeller-shafting system in a submarine using a modular
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transmission matrix description, where the receiving hull structure was also included.

In his study, Dylejko [51] proposed algorithms to obtain global optimal RC parame-

ters by minimising the weighted maximum force transmissibility and time-averaged

power transmission into the hull structures. It was found that minimisation of

the power transmission does not necessarily provide minimum force transmissibility.

The study also investigated different configurations of control systems using dual

and tri-RC.

Although the above-mentioned passive damping systems are simple to operate

and require no external energy for their operations, their effectiveness is limited to

a narrow range around the frequencies to which they are tuned. In particular, these

passive systems are, by their nature, ineffective at low excitation frequencies. These

dynamic limitations have led to consideration of active PIV control systems.

A pneumatic servo-control system was proposed by Baz et al. [52] to reduce

propeller-induced longitudinal vibration in order to minimise hull excitation. To

apply the secondary control force on the shaft to counteract the primary force, the

system used an auxiliary hydraulic cylinder and piston combination, which was in

series with the thrust block; the servo cylinder was then powered by compressed

air. Flow control of the compressed air was directly linked to the sensing of shafting

response. The research conducted theoretical and experimental studies and the

results indicate that the active controller is capable of attenuating the propeller-

induced axial vibrations by approximately 11 dB over a frequency range of 0–10Hz.

The system is relatively straightforward; however, there are some issues that might

need further clarification:

(1) extra transmission path created by the reaction force—new transmission

paths will be created when the reaction force of the actuator transmits into

the mounting foundations. It is not of concern in a laboratory environment,

as proposed in [52]; however, it is a significant issue in a self-contained sub-

marine environment, where the dynamic energy will transmit along the newly
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introduced paths and eventually reach the hull structure and excite it.

(2) shafting rotation—one difficulty in controlling PIV is that the control forces

should be applied without interfering with the rotation of the shafting. Not

enough details were given in this study on how the servo-actuating system

could overcome this rotation hurdle to maintain its functionalities.

(3) the sensitivity issue of the actuating system—the dynamic axial displace-

ment caused by PIV excitation in a real shafting is small compared with the

thickness of the piston of the proposed servo valve. It will be difficult to set

up the correct overlap with these pistons accurately to capture the relatively

small displacement response.

Based on optimal design of traditional RC, Dylejko et al. [9,51] further proposed

active control of the far field sound radiated from hull structures under PIV ex-

citation, where a series of RCs optimised for different frequency ranges were used

to form a quasi-adaptive control system. The study also theoretically proposed a

continuously adaptive RC control system using an inflatable bladder within the RC

reservoir to actively adjust its virtual stiffness.

It was first proposed by Lewis et al. [53], that an auxiliary magnetic thrust

bearing could be used as the actuator to reduce the magnitude of the oscillatory

component of the propulsion thrust transmitted into the ship’s hull. Two subsequent

papers were published on active magnetic control of oscillatory axial shaft vibrations

in ship shaft transmission systems by Lewis et al. [54,55]. In their studies, negative

stiffness was introduced using magnetic bearing [56,57] and the system was modelled

as a linear two degree-of-reedom (DOF) system; a linear proportional-derivative

(PD) feedback controller was applied to control the force transmissibility between the

shafting and bearing housing. It is noted that the reaction force from the actuator

was fully included in the system, which is essential for a self-contained system like a

submarine. The studies also conducted sensitivity analyses, which claimed that the

system was sensitive to parameter variations; however, the experimental verification
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showed that this was not the case. A large transmitted force reduction of an order of

magnitude was achieved as per the experimental results, which also suggests that the

system is not as sensitive to parameter variations as the theoretical analysis predicts.

The authors also pointed out that the initial results, along with the theoretical

control analysis, were sufficiently important.

Three comments arising from the studies are provided below, as they are of

particular interest for the practical control of PIV. These inadequately attended

issues from prior studies will be addressed systematically in this thesis.

• Comment 1: The discrepancy of the theoretical and experimental sensitivity

of the control system is interesting. It gives an indication that system mod-

elling seems to be too simple to truly reflect the core properties of the system.

Totally ignoring or linearising the nonlinearities existing in the system might

not be suitable; for instance, the forces generated by the magnetic actuator are

nonlinearly depending on the displacements response of the system. Inclusion

of key nonlinear effects in modelling is a necessary step for understanding how

the structure operates practically.

• Comment 2: Adaptive control should be more suitable for handling this sys-

tem. The study proposed by Lewis et al. [54,55] was based on the assumption

of system certainty, that is, all the parameters are precisely known; however,

this is not true in practice. The authors acknowledged that the parameter

uncertainties combined with system sensitivities to parameter variations may

result in drastic degradation of controller performance. In this case, adap-

tive control has great advantages over non-adaptive control in dealing with

parameter inaccuracies and errors.

• Comment 3: Another question is about how the shafting response changes

when force transmission has been reduced successfully. Under the effect of

the PIV energy flowing in, will the shaft necessarily result in an increased ax-
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ial motion as suggested in the studies? As the change of the shafting response

is directly related to the controllability of the system, detailed study on system

dynamics is, therefore, necessary to reveal the answer.

1.3.4 Characteristics of a propeller-shafting system

The way that propeller-induced excitation is generated and transmitted gives rise

to some unique propeller-shafting system properties, and these have not been ad-

dressed in the aforementioned studies. More powerful tools, like nonlinear control

and adaptive control techniques, are required to handle these properties. These

characteristics are as follows:

• Inherent nonlinearity: The dynamic stiffness and damping of the oil film of the

thrust bearing are nonlinear, and previous literature has tried to theoretically

predict or compute the dynamic stiffness and damping coefficient for thrust

bearings [61]. Glienicke et al. [62] conducted research to practically determine

bearing dynamic coefficients and Srikanth et al. [63] proposed methods for

modelling large tilting pad thrust bearing stiffness and damping coefficients.

Most of their results were obtained by solving Reynold’s equation for thin oil

film pressure distribution and all demonstrated the nonlinear dependency of

the dynamic coefficients on the film thickness. Further, the magnetic actuator

adds extra nonlinearities to the propeller-shafting system. The force generated

in an AMA is a nonlinear function of the control current and the displacement

response of the shafting and bearing house because of the characteristics of

magnetic bearings [58–60].

• System uncertainty: It is extremely difficult to obtain accurate system param-

eters for a shafting-propeller system because of the complexity of submarine

structures. For instance, the stiffness and damping of the bearing foundation

and the oil film are difficult to compute or measure accurately. The studies
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in [61–63] show that theoretical solution of dynamic stiffness and damping

coefficients are based on assumptions that might not be true in practical cir-

cumstances. Apart from the predicting errors of computational methods, many

practical conditions, like different pressure profile, viscosity changes or thermal

changes [64], also exist and greatly affect the accuracy of the computation and

modelling of dynamic parameters.

• Unknown disturbance: The axial dynamic excitation generated by the propeller

is difficult to quantify to a reasonable level of accuracy. As mentioned in

previous sections, much effort has been devoted to establishing a reasonably

accurate model for the calculation [65–67] and measurement [68] of the vibra-

tional excitation force generated by a propeller running in non-uniform wake.

Theoretical investigations using the nominal wake field as input are suscep-

tible to significant inaccuracies because of the dominant role of the effective

wake field, which cannot be measured accurately. However, with regards to

the frequency of the PIV excitation, there is clear understanding that it has a

strong dependency on the revolution of the shafting.

1.3.5 Adaptive control and nonlinear backstepping techniques

Research in adaptive control has a long history. Starting in the early 1950s, the

design of autopilots for high-performance aircraft motivated an intense research

activity in adaptive control. High-performance aircraft often experienced drastic

changes in their dynamics when switching among different operating points that

cannot be handled by constant-gain control. Therefore, an adaptive controller that

could learn and accommodate changes in the dynamics was needed [69–71]. An

adaptive controller is formed by combining an on-line parameter estimator, which

provides estimates of unknown parameters at each instant, with a control law that

is motivated from the certainty-equivalent case [75]. The design of the parameter
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estimator, also referred to as adaptive law, is crucial to the stability of the adaptive

controller. Some of the basic methods used to design adaptive laws [75] include the:

(i) sensitivity method

(ii) Lyapunov method

(iii) gradient method

(iv) least-squares method.

The design of adaptive laws using Lyapunov’s direct method was suggested by

Grayson [72], Parks [73] and Shackcloth and Butchart [74] in the early 1960s. The

method was subsequently advanced and generalised to a wider class of plants by

many other researchers. This thesis will use the Lyapunov method to cope with

system uncertainty.

Adaptive control quickly found its position in the area of mechanical vibration

control. Elliot et al. [76] studied adaptive feed forward control of flexural wave

propagating in a beam; adaptive control was also used to control the vibration wave

propagation in cylindrical shells with shape memory alloy (SMA) in [77, 78]. The

DVA was emulated by an adaptive control algorithm in [79] to control the response

of a flexible structure subject to harmonic disturbances with uncertain frequency.

Many other studies [80,81] can also be found using adaptive control to handle broad-

band vibration in structures with modelling errors. Various adaptive techniques and

their explanations, as well as design and analysis, have been summarised in [75] in

a systematic and tutorial manner.

Although linear control theories have been widely used in numerous applica-

tions, there are many examples of practical systems that behave in nonlinear man-

ners. Nonlinear control has attracted substantial research interest over the last

two decades [82, 83]. The way nonlinear systems operate is complicated and many

general properties of linear system no longer hold. For a nonlinear system with un-

certainties, interactions between the controller and the estimator are significant [84],

and system stability is not guaranteed by an independently stable controller and in-
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dependently stable estimator. In a nonlinear system, the concept of passivity [85]

is closely related to stable zero dynamics and plays an important role in achieving

global stabilisation of nonlinear systems [86,87].

Existing main-stream nonlinear control techniques were originally developed for

a different class of nonlinear problems. Among them is backstepping, which is an

approach that can be applied to systems with special recursive structures. Backstep-

ping design works towards finding an output that has a passivity property, including

relative degree one and stable zero dynamics. The notion of backstepping was first

used in the context of adaptive control to extend known results to the relative degree

> 1 case [88]. The technique was then systematically developed in [89, 90]. For a

broad class of nonlinear systems that are built on recursive sub-structures, the back-

stepping method starts the design process at the known-stable system and "backs

out" to design new controllers that progressively stabilise each outer sub-system.

Backstepping techniques have been applied to control dynamic displacement

(tracking) and structural vibration. Lin and Kanellakopoulos [91] developed a non-

linear backstepping controller for active suspension systems, where the inherent

trade-off between dynamic force and travel could be improved. In [92], the back-

stepping method was combined with a neural network to control the vibration of a

class of semi-active suspension systems. Hu [93] applied adaptive backstepping con-

trol to regulating the attitude and vibration of flexible spacecraft structures under

constraints.

1.3.6 Active magnetic bearing and actuator

An actuator plays a crucial role when it comes to the practical implementation of

active control. Different types of actuators have been developed for the applica-

tion of AVC. These actuators can be roughly categorised as conventional and non-

conventional. Conventional actuators could be inertial types, like proof mass [94,95],

or hydraulic or pneumatic types, like air spring. They have been widely used to con-
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trol structural vibration and related sound radiation [96]. A common limitation with

these actuators is their capacity to generate significant control forces when their sizes

and weights are small. Non-conventional actuators utilize the special properties of

new materials. These materials could be SMAs, piezoceramics, electrostrictive or

electroactive polymers or mechano-chemical polymers. One big advantage of these

so-called smart materials is that most of them are flexible, compact and easy to ma-

nipulate. Non-conventional actuators are more efficient in terms of the force-to-size

ratio. Many studies and applications can be found using non-conventional actuators

[12,76,97,98] to achieve structural vibration control.

The choice of actuator depends on the needs and configuration of the primary

system. Balanced consideration should be given [44] to these factors, which include

required capacity (control force, moment, strain or displacement), power consump-

tion, frequency response, as well as physical constraints of dimensions and mounting

requirements. To control PIV, several special requirements need to be considered.

First, the actuator should be able to apply control forces without interfering with

the rotation of the shafting. Second, the actuator needs to be efficient enough

to produce a large force from a small size, as the disturbance force in a practical

propeller-shafting system could be as high as many kilo-newtons [99]. Third, the

dynamic motion of the propeller-shafting system is normally small and it requires

the actuator to be sensitive enough to detect changes in system response, while be-

ing robust enough against noise disturbances. Further, the system is self-contained;

therefore, the effect of the extra transmission path introduced by the actuator should

be simple enough to be handled effectively by the controller.

Active Magnetic Bearings (AMBs) were proposed in some of the early patents

filed by Beams [100] during the 1940s. Initially, they were well developed in the

1970s to overcome the deficiencies of conventional journal or ball bearings. Since

then, they have become a novel solution for high speed rotary machines, and are

increasingly used for many other applications [101]. Figure 1.2 is a typical scheme
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of an AMB application in the rotary machine industry [102].

Figure 1.2: Typical application of an AMB with axial and radial bearings [102]

In this application, the shafting and the motor are freely suspended by the radial

bearings and the axial bearings. Each bearing consists of a group of electromagnets

which have been delicately configured. When a current is passed through the mag-

net, it exerts an attractive force on the surface of the shafting collar. Multiple AMBs

are used to apply drag (attractive) forces from different directions to maintain the

desired positions of the shafting.

The following unique characteristics and advantages of the AMB have enabled

it to be an attractive option for actuator in the area of active control:

(1) contactless—this is particularly advantageous for such applications where

actuating forces are required to be applied between rotating parts and fixed

foundations.

(2) high capacity of generating forces—depending on the ferromagnetic mate-

rial used and the design, AMB capacity could be around 20 N/cm2, or even

reach 40 N/cm2.

(3) negative stiffness—AMBs can introduce negative stiffness into a primary
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system, which is particularly useful in applications where the force transmission

path could be effectively altered by the insertion of an AMB actuator.

(4) low operating costs—the actuating loss in an AMB will be significantly

low, as will the maintenance costs, because of the lack of wear in the system.

These unique features are being gradually utilised. For instance, Yu et al. [103] stud-

ied active control of vibration using an electromagnetic actuator, Lang et al. [104]

studied the control of vibration of a rigid rotor shaft, which was suspended on AMBs,

and control of aseismatic vibration transmitted into a rotor system was investigated

in [105]. The negative stiffness property was also used to realise zero stiffness in

conjunction with a conventional spring system to isolate vibration in active suspen-

sion [106]. For the application of PIV control, AMB properties are well matched with

the requirements of the propeller-shafting system. In this research, an AMA origi-

nating from axial AMB was proposed to implement the adaptive nonlinear control.

In particularly the following aspects based on existing AMB have been proposed to

suit the purpose of this research; i) optimal structural design ii) nonlinear properties

of actuating force and iii) dynamics and controllability analysis.
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1.4 Contribution to Research

This thesis contributes to the research of controlling sound radiation from a vehicle

operating under water, which could be a military submarine, or a civil purpose UUV.

The control of PIV effectively suppresses the tonal components in the spectrum of

sound radiation signature. The active control scheme is an alternative and effective

option for PIV control, where traditional insertion of dissipative elastic components

is extremely difficult. The main contributions developed in this research are dis-

cussed here.

First, a more straightforward understanding of the links between propeller-

induced excitation and sound radiation is developed. Experimental studies of sound

radiation from a torpedo-shaped structure under PIV excitation have found some

interesting results and trends, which could be used to support existing theoretical

understanding and further studies in this area.

Second, a detailed study of system dynamics and controllability of the propeller-

shafting system has not been seen in previous studies. The work conducted in

this thesis provides an insight of the dynamics of the propeller-shafting system and

its effect on the stability of controller design. It also analyses the behaviour of the

stabilised system when effected by non-dissipated energy, which further restrains the

practical controllability of the system. The results may support further development

of PIV control.

The work on AMA design provides an effective option of actuating structure for

similar applications. The optimal design of structures, and the smooth distribu-

tion function, together with the observations from the experimental examination of

the actuator properties, potentially contribute towards a more complicated life-size

design and development of future applications.

The inherent characteristics of nonlinearities, system uncertainties and unknown

disturbance have a significant effect on the performance of control design; however,
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they have not been investigated in detail in prior work. The research in this thesis

systematically addresses these issues. The nonlinear backstepping design provides a

capable option and reference for future research in addressing the inherent nonlinear-

ities. The proposed Lyapunov-method-based parameter estimators and disturbance

observer are effective in handling the issue of system uncertainties without adding

too much complexity to the nonlinear controller. The adaptive control scheme al-

lows strong modelling errors and inaccuracies and is of particular interest for dealing

with many of the practical propeller-shafting plants.
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Chapter 2

Experimental Study of Sound

Radiation from a Torpedo-shaped

Structure under Propeller-induced

Excitation

2.1 Introduction

Sound radiation poses a fatal threat to a submarine’s underwater operation; in

particular, tonal components at lower frequency range disclose the speed of a sub-

marine. PIV is the main contributor of these tonal components, and control of

PIV ultimately leads to the attenuation of sound radiation from a submarine’s hull.

Therefore, it is essential to understand how PIV excitation contributes to sound

radiation in the first place.

Understanding of the links between mechanical excitation and acoustic radiation

is far from complete and satisfactory because of the complexity of the phenomenon

of structure-borne sound. Existing theoretical analyses have engaged significant

approximations and simplifications to allow numerical solutions and simulations.
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It is necessary to have experimental results to verify these theoretical analyses.

However, unclassified experimental results are not available in the public domain

either because of confidential reasons or the prohibitively high cost of conducting

real-size experiments on a submarine.

To support current theoretical understanding of the links between PIV excitation

and sound radiation, an experimental study was conducted to investigate sound

radiation from a torpedo-shaped structure under axial PIV excitation. This chapter

summarises the main results of this experimental study.

To study the dynamic characteristics of structural response and subsequent

sound radiation under PIV excitation, a torpedo-shaped cylinder was first designed

to emulate a simplified submarine structure. The model and the experimental setup

are detailed in the second section of this chapter. Experiments were then conducted

to investigate the vibrational response of the torpedo model, where modal frequen-

cies and shapes were identified. Attention was given to the effect of the unique

boundary conditions on the vibration modes, and a comparison and comments

against classical cylindrical shell theories are given. After obtaining the dynamic

characteristics of the torpedo structure under axial excitation, the sound radiation

corresponding to each vibration mode was examined closely in an anechoic cham-

ber. The maximum sound pressures at different modes and the directionality of

sound radiation patterns are summarised in the fourth section. The effect of ane-

choic chamber background noise and internal air-borne sound on sound radiation

were analysed. Observations about and discussions on the results are provided, with

particular focus on the boundary-imposed asymmetric radiation patterns.
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2.2 System Configuration

2.2.1 Torpedo shaped structure

A typical submarine structure was simplified into a torpedo-shaped structure for

this experimental study. The torpedo-shaped model is shown in Figure 2.1. In this

structure, the semi-spherical shell and the cone shell were added to the cylinder

via screw connections. To simulate the axial PIV excitation, a mechanical shaker

was installed at the end of the conical shell, which applies an axial force along the

central axis of the structure. Special attention was given to ensuring the contact

point where the excitation was applied was well centred and that the force was as

accurately in line with the central axis of the torpedo as possible. Mass blocks were

designed and installed inside the cylinder, which serves three purposes: to maintain

the position of the center of gravity of the whole structure, to counteract the buoyant

force during underwater tests, and to simulate the internal mass loading imposed

by onboard equipment and machinery.

Figure 2.1: Experimental torpedo-shaped model

The model was geometrically scaled from the submarine model studied in [108]. The

scale factor was 1:22.5, and the main dimensional parameters are listed in Table 2.1.

Minor adjustments were made for the convenience of fabrication.
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Table 2.1: Parameters of experimental torpedo model

Parameter Value Unit
Total mass 160 kg
Total length 2000 mm
Cylinder length 1500 mm
Radius 161.5 mm
Cylinder thickness 6 mm
Semi-sphere thickness 4 mm
Cone thickness 4 mm
Cone length 230 mm
Cone smaller radius 50 mm
Material Carbon steel 1020
Young’s Modulus 210–220 GPa
Density 7,872 kg/m3

Working depth 40 m
Seal type O-ring

Initially, the model was designed to meet the requirements for undergoing under-

water experiments, where the structure could be submerged as deep as 40 metres.

To serve this purpose, extra consideration was taken to ensure the structure was

watertight under vibrational excitation in the presence of hydrostatic pressure, DC

power supply was sufficient over a distance where voltage drop could be significant

and the transmission loss of signal over such a long distance was reduced. A surveil-

lance system was also fitted into the structure to monitor the working conditions

when the torpedo was sitting deep underwater.

2.2.2 Measurement and excitation systems

The setup of the exciting and measuring systems is shown in the schematic diagram

in Figure 2.2. The systems consist of several sub-groups, including:

• structural response measurement—this sub-group was installed inside the tor-

pedo and includes IMI integrated electronic piezoelectric accelerometers, signal

conditioning modules, B&K force transducers, National Instrument data ac-
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quisition (NI-DAQ), Ethernet signal transmission and Labview and Matlab

software

• sound pressure measurement—this sub-group was set up around the torpedo

in the anechoic chamber and includes microphone array, signal conditioning

modules, NI-DAQ and Labview and Matlab software

• dynamic excitation—this sub-group was used to excite the structure to identify

vibrational modes and to produce sound radiation. It includes electromagnetic

shaker (reacts on internal support far away from where the force is applied),

impedance head, signal generator, power amplifier and impact hammer

• power supply and monitoring—this sub-group includes a remote AC-DC power

supply, local DC-DC power supply and infrared camera.

Figure 2.2: Experimental setup of the measuring and exciting system

In the experiments, a sinusoidal signal was produced using a signal generator and

amplified with a power amplifier. It was then fed into the mechanical shaker to

excite the structure and subsequently generate sound radiation. A group of IEPE

accelerometers were used to measure the structural response of the torpedo under
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excitation. An impedance head and force transducer were used to measure the

excitation power input by the impact hammer and the shake, respectively. To

overcome the issue of transmission loss of the signals and to avoid using large bundles

of long cables, all analog signals were sampled into digital signals inside the torpedo

structure. The digital signals were then sent over the distance to the analysis system

on the remote computer for processing. All transmissions were accomplished using

Ethernet protocol with one Cat5e cable connecting the remote computer to local

equipment. An infrared camera was installed inside the structure to visually monitor

the condition of the equipment.

2.3 Vibration Modes of the Torpedo Structure

under Axial Excitation

2.3.1 Modal test

To study the dynamic behaviour of the torpedo-shaped structure under axial PIV

excitation, a modal test was carried out to identify the modal frequencies and cor-

responding mode shapes. The information collected here provided the reference for

analysing subsequent sound radiation treated in later sections.

The three sections of the torpedo were assembled together with internal parts,

shakers and instruments fitted as per specifications. Adequate torques were applied

to ensure no looseness of connection would be caused by dynamic PIV excitation.

The torpedo was then freely suspended in the anechoic chamber emulating the free-

free boundary condition of a submarine submerged in water. Figure 2.3 shows

the grid of measuring points with the corresponding coordinates originating at the

geometry centre of the structure.

Along the circumferential direction of the structure, 12 equally spaced points on

each cross-section were picked for measuring vibration responses. In total, 25 cross
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sections were measured along the longitudinal (axial X) direction, with six on the

semi-sphere, 14 on the cylinder and five on the cone. The cross-sections were axially

equally spaced on the cylinder and the conical shell and angularly equally spaced on

the semi-spherical shell. The photo of the actual modal test is shown in Figure 2.4.
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Figure 2.3: Grid of measuring points for modal test in Cartesian coordinates

Figure 2.4: Photo of the actual rig of the modal test
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2.3.2 Measurement and data analysis

An impact hammer was used to apply impulse excitation to the structure along

the axial direction, where averaging over multiple hits was used to eliminate errors.

The measured response was accelerations in the direction normal to the shell sur-

face (radial direction) where the mass loading of transducers is negligible given the

thickness of the shells. The impulse force was measured at the same time.

A dual channel spectrum analysis was then conducted for each measuring point

to obtain the frequency response function (FRF). Resonance peaks at characteristic

frequencies are clear and easy to identify because of small structure damping. The

amplitude and phase information corresponding to each frequency was extracted

from the FRF functions. This information was then synthesised to conduct modal

analysis, which identifies the resonance frequencies and modal shapes.

The sampling frequency for measuring system response in the modal testing was

5,000 Hz. Attention was focused on the frequency range below 1,000 Hz where the

first 13 modes were located.

2.3.3 Synthesised FRF and modal frequencies

To extract modal information for the torpedo structure, the measured accelerations

at the 289 points were divided into three groups. The first group consisted of the

measurements from the 61 points on the semi-spherical shell, the second group

consisted of the results from the 168 points on the cylindrical shell, and the last

group corresponded to the results from the 60 points on the conical shell. The

spatial averaged FRF functions for each group are presented in Figure 2.5. The

plots give the mean square of velocity (integrated from measured acceleration) with

respect to one unit excitation force. When multiplied with modal mass, these FRF

plots represent the vibration energy in the three shells of the structure. The plots

start from 60 Hz as there is no non-rigid body resonance peaks below this frequency.
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(a) FRF plot of response per unit excitation (1N) of the semi-spherical shell; dB re. 1
(m/s)2

(b) FRF plot of response per unit excitation (1N) of the cylindrical shell; dB re. 1 (m/s)2

(c) FRF plot of response per unit excitation (1N) of the conical shell; dB re. 1 (m/s)2

Figure 2.5: Synthesised FRFs for different sections of the torpedo structure
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The resonance peaks could be easily identified from the spatial averaged energy

response spectrum. Only small differences at some modal frequencies were observed

among the responses of the three shell sections. After examining the FRFs care-

fully, 13 modal frequencies were identified and these are listed in Table 2.2. These

frequencies were used as excitation frequencies during the study of corresponding

sound radiation from each vibration mode.

Table 2.2: First 13 modal frequencies at different locations

No. Semi-spherical
shell (Hz)

Cylindrical
shell (Hz)

Conical
shell (Hz)

1 88 - -
2 136 135 135
3 170 170 170
4 224 224 224
5 257 258 257
6 290 289 -
7 316 315 316
8 384 383 378
9 405 405 405
10 425 425 425
11 455 455 455
12 498 496 498
13 518 518 518

2.3.4 A special mode at f = 88 Hz

The first peak observed on the semi-spherical shell was located at 88 Hz. However,

this was not observable on the other two shells. One might be tempted to ignore this

frequency; however, after examining the corresponding modal shape carefully, it was

found that the vibration at this frequency actually represented an in-phase vibration

mode of the spherical shell. The mode is similar to the breathing mode of a circular

cylindrical shell. The measured sound pressure at this mode also demonstrated that
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the semi-spherical shell was efficient in radiating sound at this frequency. Figure 2.6

gives the mode shape of the semi-spherical shell and the distribution of radial vibra-

tion velocity. More discussion about this mode shape will be presented later when

reporting the results of sound radiation measurement.
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Figure 2.6: Mode shape and velocity distribution of the semi-spherical shell at 88
Hz; bar unit: dB (re. 1 m/s). Dashed line: original geometry; Solid line: mode
shape deformation

2.3.5 Vibration modes at f = 136 Hz to f = 518 Hz

Except for f = 290 Hz, where no peak appears in the conical shell spectrum, peaks

are found in all three sections at other frequencies. The out-of-plane modes of

the cylinder, the semi-sphere and the cone are summarised in Table 2.3, where n

represents the circumferential number and m represents the axial node number.

Among the modes obtained, n = 1, 2, 3 and m = 0, 1, 2, 3 were observed. It should

be pointed out that the definition of m in this thesis is different from Leissa [19]

because of the difference of the boundary condition of the cylindrical shell. According

to Leissa [19], m refers to the number of half a wavelength. The modal notation in

the experimental results is defined based on the convenience of the observation and,
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Table 2.3: Node number of each modal shape,where n represents the circumferen-
tial number and m represents the axial node number

f(Hz) Cylinder Sphere Cone Figure
n m n n

136 2 0 1 1,2 Fig. 2.7
170 2 1 1,2 1 Fig. 2.8
224 2 1 0,1 1 Fig. 2.9
257 2 1 1,2 1,2 Fig. 2.10
290 2 0 1 1 Fig. 2.11
316 2 0(1) 1,2 1 Fig. 2.12
384 2 3 1 1 Fig. 2.13
405 1 3 1,2 1,2 Fig. 2.14
425 2 2 1,2 1,2 Fig. 2.15
455 1 3(2) 1,2 1,2 Fig. 2.16
498 3 1 1,2 1,2 Fig. 2.17
518 3 2 1 1,2 Fig. 2.18

therefore, not limited to such a traditional notation sequence as used in a perfect

cylinder case.

Figure 2.7 to Figure 2.18 also give the velocity distribution on the surface of

the semi-sphere, the cylinder and the cone at each characteristic frequency. The

responses are in the normal direction to shell surfaces. In each figure, the upper

subplot gives the response of the cylinder. For the convenience of description, the

cylinder has been expanded along the circumferential direction. From 0° to 360° is

in the clockwise direction when looking from positive X (sphere end) to negative

X (cone end). The circumferential angle 0° is sited on the positive Z-axis. The

lower-left and lower-right subplot show the velocity response of the sphere and the

cone, respectively, where the view direction is also from positive X to negative X.

All coordinates were defined in Figure 2.3.
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Figure 2.7: Velocity distribution at f = 136 Hz; bar unit: dB (re. 1 m/s)

Figure 2.8: Velocity distribution at f = 170 Hz; bar unit: dB (re. 1 m/s)
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Figure 2.9: Velocity distribution at f = 224 Hz; bar unit: dB (re. 1 m/s)

Figure 2.10: Velocity distribution at f = 257 Hz; bar unit: dB (re. 1 m/s)
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Figure 2.11: Velocity distribution at f = 290 Hz; bar unit: dB (re. 1 m/s)

Figure 2.12: Velocity distribution at f = 316 Hz; bar unit: dB (re. 1 m/s)
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Figure 2.13: Velocity distribution at f = 384 Hz; bar unit: dB (re. 1 m/s)

Figure 2.14: Velocity distribution at f = 405 Hz; bar unit: dB (re. 1 m/s)
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Figure 2.15: Velocity distribution at f = 425 Hz; bar unit: dB (re. 1 m/s)

Figure 2.16: Velocity distribution at f = 455 Hz; bar unit: dB (re. 1 m/s)
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Figure 2.17: Velocity distribution at f = 498 Hz; bar unit: dB (re. 1 m/s)

Figure 2.18: Velocity distribution at f = 518 Hz; bar unit: dB (re. 1 m/s)
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2.3.6 Observations and comments

Observation 2.3.6.A: There are some vibration modes that have the same n and

m number. Since the experiments were only conducted in the radial direction, it

is difficult to determine which one is primarily the radial vibration controlled mode

and which is the axial (or torsional) vibration controlled mode. As an extension to

this research in future, FEA methods could be employed to examine the dynamics

of torsional and longitudinal modes.

Observation 2.3.6.B: Boundary conditions have a substantial effect on the mode

shapes of the cylindrical shell. In Leissa [19], the boundary condition of the cylinder

supported by shear diaphragms is assumed to be w = v = 0 at both ends, where

w and v represent displacements in radial and torsional directions respectively.

However, for the torpedo-shaped structure, these boundary conditions no longer

hold. It was noticed that the lowest frequency in each mode group with the same

modal number pair (m,n) did not change in a specific pattern along with the change

of m (with n fixed). In Leissa [19] , the frequencies of the supported cylinder follow

exact ascending order as m increases. However, this may not be true with this

torpedo structure. For instance, the lowest frequency of the n = 2,m = 3 mode

(384 Hz) is lower than the lowest frequency of the n = 2,m = 2 mode (425 Hz);

this observation is clearly shown in Figure 2.19, which plots the lowest frequencies

versus the axial number m.

It should be pointed out that this comparison is only for a cylinder that is

closed at both ends. As the shear-diaphragm-supported cylinder is also a closed-

end cylinder, it is possibly the closest (although not the best) model where detailed

theoretical results are available for comparison and can be used as a reference for

this experimental study of the torpedo-shaped structure.

Observation 2.3.6.C: Another interesting phenomenon is that the circumferen-
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Figure 2.19: Lowest frequencies at different modes (n,m); where Ω: fundamental
frequency number; ω: circular frequency; R: radius of cylinder; ρ: density; ν: poison
ratio; E : Young’s modules

Figure 2.20: Circumferential modes of 518 Hz at the end cross-sections and at
the middle section of the cylinder. From left to right: semi-spherical end, cylinder,
conical end

tial modes of the cylinder at each cross-section along the longitudinal axis are not

consistent when compared with the traditional understanding of modes in a plain

cylinder. The general trend is that the circumferential deflection at the middle of
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the cylinder is different from the deflections at both the semi-spherical end and the

conical end. Figure 2.20 shows an example at f = 518 Hz. The subplot from left

to right refer to the end section close to the semi-sphere, the middle section of the

cylinder and the other end section close to the cone. The three cross-sections exhibit

their own circumferential mode number as n = 2, 3, 2, respectively. Table 2.4 gives

the circumferential number of the three cross-sections at each frequency, where L is

the length of the cylinder. The table clearly shows that, at some frequencies, the

circumferential modes at the two ends are different not only from the middle section

but also from each other.
Table 2.4: Circumferential number of the three cross-sections at different mode

Frequency (Hz) Semi-sphere End
(Zero-end)

Middle of the
Cylinder

Cone End
(L-end)

136 2 2 1
170 2 2 1
224 2 2 1
257 2 2 2
290 2 2 2
316 2 2 1
384 2 2 1
405 2 1 2
425 2 2 1
455 2 1 1
498 2 3 2
518 2 3 2

Observation 2.3.6.D: Two modes have an unclear m number, that is, 0(1) at 316

Hz and 3(2) at 455 Hz. This means some of the longitudinal modal lines exhibit 0

nodes while some exhibit 1 node at 316 Hz; and some exhibit 2 nodes at 455 Hz, still

others have three nodes. This is probably related to the inconsistency of circum-

ferential mode shapes at different cross-sections of the cylinder—the phenomenon

described in the previous observation.

Observation 2.3.6.E: For the semi-spherical shell and the conical shell, the circum-
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ferential number n = 1 can be observed at all frequencies, and the circumferential

number n = 2 can be observed at most frequencies.

Although further study is necessary to investigate the effect of the shaker’s reac-

tion path on the structure response, the preliminary comparisons between the impact

hammer test results and that of using the shaker have shown that the reaction force

will not affect the modal characteristics of the torpedo structure significantly.

2.4 Sound Radiation from the Torpedo Structural

Modes

After obtaining the dynamic response of the torpedo structure, it is of great inter-

est to examine the corresponding sound radiation from the vibration modes. The

radiated sound pressures and directionalities were experimentally studied.

2.4.1 Experimental setup

The measurements were conducted in an anechoic chamber (L ×W × H = 4.2m×

4.2m× 3.5m) at the resonance frequencies of the first 13 modes, where the frequencies

range from 88 Hz to 518 Hz. 16 samples under steady excitation were used for

averaging. Quantification of the chamber can be found in section 2.4.5.

A sinusoidal signal at the modal frequency of each mode was fed to the shaker to

excite the structure vibration and radiate sound. The sound radiation measurements

were carried out on a spherical envelope surface above the torpedo structure. The

diameter of the envelope surface was four metres. As shown in Figure 2.21, the centre

of the envelope coincided with the geometrical centre of the torpedo structure, which

was also the origin of the XYZ coordinate defined for the grid. The XYZ coordinate

is referenced in all descriptions in the remainder of this section.

Only the sound pressure on the upper semi-sphere of the envelope surface was
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measured because of the dimensional limitation of the anechoic chamber, which gives

145 points for each mode. In each of the circles that are on or in parallel with the

horizontal X−Y plane, pressures were measured at 24 points with an equal angular

space of 15°. On each of the 180° semi-circles in the vertical plane, 13 measurement

points were distributed equally with an angular space of 15°.

Figure 2.21: Grid (in mm) of measuring points for sound radiation measurement

Figure 2.22 is the photo of the actual setup for sound pressure measurement in the

anechoic chamber. At each excitation frequency (the modal frequency corresponding

to each mode), sound pressure signals of the 145 measuring points were picked up

by the microphone array. After amplification, filtering and conditioning, the voltage

signals were sent to NI-DAQ devices. The digitalised signals were then fed into an

analysing system, where single channel spectrum analysis was conducted to obtain

the power spectrum density (PSD) in the frequency domain.

2.4.2 Measured maximum pressure of modal radiation

Corresponding to each modal frequency and shape listed in Section 2.3, the radiated

sound pressures at the 145 points of the upper semi-spherical surface were recorded
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Figure 2.22: Photo of the actual setup for sound radiation measurement in the
anechoic chamber

and analysed. The maximum sound pressures recorded at each frequency are listed

in Table 2.5. During the experiments, the magnitude of excitation from the shaker

can only be controlled through the input voltage to the shaker. However, the actual

force applied to the structure might not be the same, even though the shaker was

fed with the same voltage at different frequencies. The force depends not only on

the frequency response of the shaker, but also on the receiving impedance at the

point of excitation. Therefore, it is necessary to examine the correlation between

the force and the input voltage at different frequencies.

With the same configuration as shown in Figure 2.22, the excitation force applied

to the torpedo structure through the shaker was measured at each frequency. The

input voltage and the amplification factor of the amplifier were the same for all

frequencies. Figure 2.23 shows the results of the measured force using a B&K8001
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Table 2.5: Maximum sound pressure level (ref: 20µPa) at each modal frequency

Frequency (Hz) Vibration
Modes (n,m)

Maximum Sound
Pressure (dB) Figure No.

88 - 55 Fig. 2.24
136 (2,0) 56 Fig. 2.25
170 (2,1) 50 Fig. 2.28
224 (2,1) 58 Fig. 2.29
257 (2,1) 60 Fig. 2.30
290 (2,0) 60 Fig. 2.26
316 (2,0(1)) 60 Fig. 2.27
384 (2,3) 64 Fig. 2.32
405 (1,3) 76 Fig. 2.33
425 (2,2) 68 Fig. 2.31
455 (1,3(2)) 77 Fig. 2.34
498 (3,1) 63 Fig. 2.35
518 (3,2) 64 Fig. 2.36

Figure 2.23: Measured excitation force applied by the shaker, where input voltage
and amplification factor were kept the same

impedance head. It was observed that the force slightly decreased from 88 Hz to

316 Hz because the current carried in the shaker coil started dropping with the

increase of frequency. The reason is that the shaker was fed with constatn voltage

input and the carrying current is determined by coil’s resistance and inductance

(R + jωL) which increases with the frequency. The small peak at 405Hz was likely
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caused by local resonance of the structure. A set of correction factors were obtained

by inversing the curve and used to compensate the voltage input to the shaker.

The sound radiation results measured and mentioned throughout this thesis were

conducted under excitation with voltage compensation.

2.4.3 Sound pressure distribution and directionality

This sub-section reports the measured sound distribution at each modal frequency.

For the convenience of comparison, different modes are grouped together in accor-

dance with their vibration modal number pair (n,m).

Only one three-dimensional (3D) overall distribution and two two-dimensional

(2D) radiation directivities are presented for each mode. The results were plotted

as three subplots (XYZ coordinates, refer to Figure 2.21) on one figure for each

frequency:

• upper subplot—top view (from Z looking down into XY plane) of overall 3D

sound distribution on the whole measuring surface.

• middle subplot—directivity of 2D sound pressure in the XY plane (Z=0).

• lower subplot—directivity of 2D sound pressure in the XZ plane (Y=0).

Figure 2.24 to Figure 2.36 present the sound pressure distributions, which are

grouped as follows:

Group A—equivalent drum mode, f = 88 Hz

Group B—modes (n = 2,m = 0), f = 136 Hz, 290 Hz, 316 Hz

Group C—modes (n = 2,m = 1), f = 170 Hz, 224 Hz, 257 Hz

Group D—modes (n = 2,m = 2), f = 425 Hz

Group E—modes (n = 2,m = 3), f = 384 Hz

Group F—modes (n = 1,m = 3(2)), f = 405 Hz, 455 Hz

Group G—modes (n = 3,m = 1), f = 498 Hz

Group H—modes (n = 3,m = 2), f = 518 Hz
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2.4.4 Observations

From the data presented in the previous section the following comments and obser-

vations may be made.

Observation 2.4.4.A: Table 2.5 shows that the two modes with a circumferential

number of n = 1 have the two highest sound pressures. The frequencies are f =

405 Hz with (n = 1,m = 3) and f = 455 Hz (n = 1,m = 3(2)), respectively.

The maximum sound pressure roughly increases with the first couple of modes and

reaches its highest at f = 455 Hz (n = 1,m = 3(2)) before decreasing.

Observation 2.4.4.B: The maximum sound pressure locations are found to be

normally in the direction of 45–60° relative to the XY plane, shown in the upper

sub plot in each figure.

Observation 2.4.4.C: For the same circumferential number n, there is no clear

trend linking the sound pressure to axial node number m, which is the same case
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with different number n on same number m. For the same modal number pair

(n,m), the maximum sound pressure generally increases with frequency, which can

be seen with the three modes of n = 2,m = 0, the three modes of n = 2,m = 1 and

the two modes of n = 1,m = 3.

Observation 2.4.4.D: The asymmetric boundary condition has a clear effect on

the sound radiation patterns. The asymmetry arises from the difference conditions

imposed by the semi-sphere cap and the cone end. For most modes, the sound

radiation from the fore-end (semi-spherical end) and the rear end (conical end) of

the torpedo structure are not symmetric; that is, the sound radiation is asymmetric

about the YZ plane defined in Figure 2.21. This can be seen by examining the lower

subplot of each figure. There however is no dominating trend of which end has

greater sound radiation; at some modes, the fore end radiation is greater, while at

other modes the rear end dominates. This observation is recorded under ‘Fore–Rear

symmetric about YZ Plane’ in Table 2.6.

Observation 2.4.4.E: Although the structure is designed to be symmetric about

the central vertical plane (XZ plane defined in Figure 2.21), sound radiation from

the two sides of the plane is not symmetric at some modes. One possible reason

could be the deviation of the actual structure from the design. Error in fabrication

may have led to slight asymmetry in the actual structure. However, not all modes

are subjected to the influence of geometry asymmetry; some modes still exhibit

clear symmetric or roughly symmetric properties. This observation is also recorded

in Table 2.6 under ‘Left–Right symmetric about XZ Plane’.

Observation 2.4.4.F: For modes with the same n,m number pair, the directivity

of sound radiation can be noticeably different from each other. This can be seen

from the two modes of n = 2,m = 3, the three modes of n = 2,m = 0, and the

three modes of n = 2,m = 1. The reason could be that the vibration modes under
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Table 2.6: Symmetry property of sound radiation from each mode. Surprisingly
not all modes are left-right symmetric although geometrically the structure is

Frequency
(Hz)

Vibration
Modes (n,m)

Fore–Rear Symmetric
about YZ plane

Left–Right Symmetric
about XZ plane

88 - Fore > Rear No
136 (2,0) Fore > Rear Roughly
170 (2,1) Yes Yes
224 (2,1) Fore < Rear No
257 (2,1) Fore < Rear Roughly
290 (2,0) Fore < Rear No
316 (2,0(1)) Fore > Rear No
384 (2,3) Fore > Rear No
405 (1,3) Roughly Roughly
425 (2,2) Yes Yes
455 (1,3(2)) Yes Yes
498 (3,1) Fore < Rear Roughly
518 (3,2) Fore < Rear Yes

same number (n,m) are principally different, for instance, one mode could be radial

motion dominated while the other is axial or torsional motion dominated.

Observation 2.4.4.G: At f = 88 Hz, the semi-spherical shell was expected to

be more efficient in sound radiation under this frequency because of the in-plane

vibration modes observed in Section 2.3. Indeed, by examining the sound pressure

at the area in front of the semi-spherical cap, it was found that the radiated sound

pressure at f = 88 Hz was the third highest among all frequencies, being only

slightly lower than that of the two modes of n = 1 at f = 405 Hz and 455 Hz.

2.4.5 Analysis of the effect of anechoic chamber on the sound

radiation directionality

The directionality of the sound radiation is an important property of the vibrating

torpedo structure. Some modes have exhibited strong directional radiation patterns.
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It should be pointed out that the directly measured results reflect not only the true

sound radiation pattern from the structure but also the directional absorption of

the chamber. Therefore, a close examination of the directionality of the sound

absorption of the anechoic chamber is necessary.

The torpedo was rotated to eight different positions with an angular interval of

45°. The location of microphone array was fixed relative to the torpedo which means

they always pick up the sound radiated from the same spot of the structure. If the

anechoic chamber is perfect then all the measurements at the 8 positions should

be the same. Any difference as shown in dashed line (legend "Chamber") gives the

indication of imperfection property of the chamber.

Three frequencies where significant asymmetric sound radiation patterns were

observed are of particular interest: f = 224 Hz, f = 257 Hz and f = 384 Hz.

Figure 2.37: Directionality of the anechoic chamber (dashed line) with a maximum
difference of 8.1 dB; solid line—radiated sound pattern; f = 224 Hz

The maximum sound pressure difference, which is most likely contributed by

the anechoic chamber, is 8.1 dB, 5.8 dB and 2.8 dB, respectively. The results are
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Figure 2.38: Directionality of the anechoic chamber (dashed line) with a maximum
difference of 5.8 dB; solid line—radiated sound pattern; f = 257 Hz

Figure 2.39: Directionality of the anechoic chamber (dashed line) with a maximum
difference of 2.8 dB; solid line—radiated sound pattern; f = 384 Hz
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plotted in Figure 2.37 to Figure 2.39, using a dashed line, against the sound pressure

distribution recorded from previous measurements of the sound pressure level.

The results show that the room was not perfect and its own background reflection

is measurable; however, in comparison with the sound radiation patterns from the

torpedo structure, the effect of room reflection is not significant.

2.4.6 Analysis of the effect of internal sound sources on ra-

diated sound power

The measuring instruments installed inside the torpedo cavity generate sound when

they are in operation; the shaker itself also produces noise when working. To the

torpedo structure, these internal air-borne sounds that will transmit through the

shell into the outside sound field. The transmission may affect the radiated sound

field around the torpedo. It is of interest to examine the received sound level from

these internal sources at the same locations as for the sound radiation measurements,

that is, the semi-spherical envelope surface as indicated in Figure 2.21.

To ascertain the sound power level Lw of the internal sources, the closest esti-

mation is to apply ISO 3741:2010 with the following equation, where the cylinder is

regarded as a quasi-diffuse field:

Lw = Lp + 10 log A

A0
+ 4.34A

S
+ 10 log

(
1 + Sc

8V0f

)
+ C1 + C2 −K1 − 6 dB (2.1)

where:

Lw = sound power level, in dB ref. 10−12 W

Lp = sound pressure level, in dB ref. 2× 10−5 Pa

A = equivalent absorption area, A = 55.26
c

(
V0

T60

)
m2,

in which T60 is the reverberation time, in seconds

A0 = 1m2
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S = total surface of the space, m2

c = sound speed

V0 = volume of the cylinder’s internal space

f = frequency in Hz

C1,2= correction factors, function of the characteristic impedance of the air

K1 = correction factor to account for background noise

Using the above equation, Table 2.7 lists the measured Lp and calculated Lw. The

excitations are the same as that used for sound radiation measurements.

Table 2.7: Measured internal sound power level (ref. 10−12W)

Frequency (Hz) Internal Sound
Pressure Lp (dB)

Internal Sound
Power Lw (dB)

88 95.7 76.8
136 67.2 46.8
170 70.3 49.2
224 80.0 58.1
257 78.1 55.8
290 79.3 56.7
316 79.7 56.9
384 83.4 60.1
405 68.6 45.2
425 64.5 41.0
455 51.9 28.2
498 65.7 41.8
518 59.0 35.1

Transmission loss will be incurred when the sound wave transmits through the

torpedo shell to reach the semi-spherical envelope surface defined in Figure 2.21.

Experiments were conducted to examine the transmission loss of such a structure.

A small loudspeaker was used as the internal sound source and installed at the

location of the shaker inside the torpedo. The received sound power on the envelope

surface surrounding the torpedo was measured. The sound power of the source
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speaker was determined using the sound intensity method [109]. The transmission

loss induced by the torpedo shell was obtained and plotted in Figure 2.40. A curve

of transmission loss was calculated based on the measurements.
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Figure 2.40: Measured curve of transmission loss of the torpedo shell

Table 2.8: Comparison among the internal sound power level, transmitted sound
power level and the radiated sound power level

Frequency
(Hz)

Internal
Lw (dB)

Transmitted
Lw (dB)

Radiated
Lw (dB)

88 72.7 59.1 60.8
136 44.2 24.6 61.8
170 47.3 33.0 56.6
224 57.0 24.0 63.7
257 55.1 21.8 63.9
290 56.3 26.9 65.1
316 56.7 27.1 63.6
384 60.4 33.8 68.9
405 45.6 18.9 78.2
425 41.5 14.7 73.4
455 28.9 4.3 80.3
498 42.7 17.9 68.3
518 36.4 11.1 68.5
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With the curve, the transmitted sound power level caused by the internal sources

can now be determined using Table 2.7. The results are listed in Table 2.8.

The radiated sound power measurements that were measured at the same enve-

lope surface are also listed in Table 2.8 for comparison. It is not difficult to conclude

that, except for the first mode at 88 Hz, the transmitted sound power from internal

sources is at least 25 dB lower than the measured radiated sound power from the

torpedo structure. In another words, the internal air-borne sound has a limited

effect on the structure-borne sound field.

2.5 Conclusions

This experimental investigation aimed to collect evidence for a general understand-

ing of the vibro-acoustic properties of a torpedo-shaped structure that is subjected

to axial excitation. It has been shown that the dynamic behaviour of a torpedo-

shaped structure is noticeably different from that of a typical diaphragm-supported

closed-end cylinder. The lowest natural frequency of each modal number pair (n,m)

does not increase with an increase in node numberm under the same circumferential

number n because of the boundary conditions imposed by the spherical shell and

the conical shell at the two ends. There is normally no consistent circumferential

modal shape along the axial direction of the cylinder; that is, the ends and the

middle section of the cylinder could exhibit different circumferential mode shapes

and, consequently, the axial node number m at some frequencies would not be clear.

Sound radiation from the torpedo was experimentally studied at the natural

frequencies of vibration modes. The results have shown that the two modes with a

circumferential number n = 1 have the highest and second highest sound pressures

among all modes. The sound radiation of the sphere cap is efficient for its in-phase

mode. Maximum sound pressures roughly increase with increasing mode number

and decrease with the last two modes at higher frequency range. There however
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is no general trend between the maximum sound pressure and mode number pair

(n,m). For each mode, the maximum pressure often occurs in the direction of 45–

60° relative to the XY plane. The sound distribution is not fore-end to rear-end

symmetric because of the asymmetry of the torpedo structure in the axial direction.

In addition, some modes also have left-side to right-side asymmetry.

The effect of the directional absorption property of the anechoic chamber on the

measurements was found to be not significant enough to affect the directionality

patterns of the radiated sound field. Experimental investigation also indicates that

air-borne sound from internal sources has a limited effect on structure-borne sound

radiation.
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Chapter 3

Analysis of the Propeller-shafting

System

3.1 Introduction

In previous Chapter, links have been established from axial excitation to vibration

response of the torpedo structure, and then from the vibration response to sound

radiation from the shell. If the energy flowing from the shafting to the structure can

be controlled then the sound radiation will be effectively suppressed. In order to

achieve an effective regulation of energy flowing into hull structures (main work of

Chapter 5 and 6), it is critical to understand the dynamics of the propeller-shafting

system and how PIV energy flows around within the system in this chapter.

PIV excitation is caused by the hydrodynamic interaction associated with a

running propeller operating in the non-uniform wake field. PIV propagates along the

shafting and transmits into the ship’s hull predominantly through the thrust bearing.

The propeller-shafting system of a submarine is self-contained and system dynamics

are critical to the stability of the proposed controller. In addition, PIV energy is

not dissipated under a pure active control scheme and, thus, has a significant effect

on the controllability of the system.
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In this chapter, the results of the dynamics and controllability analysis of the

propeller-shafting system are summarised. First, the characteristics of the propeller-

induced vibration are presented. The system is characterised with parameter uncer-

tainties, unknown disturbance and system nonlinearities. System modelling without

an actuator is then detailed, which is the basis of the dynamics and controllability

analysis in later sections of this chapter. The modelling is focused on the transmis-

sion path where the dynamic energy flows from the shafting to the hull structures;

reasonable simplifications that were adopted in [53, 54] are applied to the internal

components of the shafting. The hidden dynamics of the propeller-shafting system

is then examined carefully, which is critical to control stability. The remainder of

the chapter presents the results of the controllability analysis of the system. The

effect of the diverted PIV energy on the controlled system is related to the config-

urations of the primary plant. The change of shafting response under control with

different system configurations was analysed and simulated. The simulation results

are followed by observations and comments.

3.2 Characteristics of Propeller-induced Vibration

Axial PIV propagates along the propeller-shafting and transmits into the hull struc-

tures via the transmission path of thrust bearing. The whole system exhibits the

following characteristics:

3.2.1 Parameter uncertainties

A real submarine structure is complex because its system parameters are difficult

to know accurately. Modelling of the thrust bearing poses the first challenge. The

dynamic parameters of the oil film in the thrust bearing are difficult to obtain.

To compute the dynamic stiffness and damping coefficient of the oil film normally

requires Reynold’s equation for pressure distribution on the film to be solved based
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on a series of assumptions; however, these might not be true in practice. Even if

only retaining the lowest order terms of viscosity variations and pad deformation

due to pressure and thermal gradients, a simplified Reynold’s equation will be a

non-homogeneous partial differential equation of two variables for which closed form

analytical solutions are not available [63]. Numerical methods are normally required

to solve the pressure distribution equations for the dynamic parameters of the oil

film. It is not possible to do this during the implementation of active control.

Therefore, uncertainties must be handled by other means.

Second, the propeller-shafting system also interacts with surrounding structures

other than the thrust bearing. These interactions should be considered in modelling,

as they do influence the dynamics of the system. Typically, they include the damp-

ing and stiffness effect introduced by the wake field surrounding the propeller, the

axial friction between the shafting and the radial bearings and the axial stiffness

and damping imposed by flexible couplings. These effects are difficult to formu-

late quantitatively. However, they can be presented as un-modelled dynamics and

handled with adaptive estimators.

Further, the stiffness and damping coefficient of the thrust bearing foundation

is also difficult to compute because of the complexity of the structure. Quantita-

tive formulas or numerical methods are easily susceptible to inaccuracy because of

practical limitations caused by load variation, thermal expansion and surrounding

structures.

3.2.2 Unknown disturbance

Much effort [65–67] has been put into studying theoretical models for computing the

vibratory force generated by a running propeller. However, it is still too difficult to

obtain reasonably accurate results because of the complexity of the hydrodynamics

of non-uniform and unstable wake. Specifically, the computation of the PIV force

requires applying the model of the wake field to analyse the interaction between the
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propeller and the wake. However, the so-called effective wake field, which plays a

dominant role in the process, cannot be measured accurately; and, consequently, a

nominal wake field needs to be used as the input and is, therefore, susceptible to

significant errors.

Nevertheless, previous studies do reveal that the PIV excitation force has a strong

dependency on the propeller shaft speed. In another words, if the ship is operating in

a steady-state mode where the shafting speed is almost steady, the propeller induced

excitation can be regarded as quasi-steady. This assumption allows the unknown

excitation to be managed with observers.

3.2.3 Nonlinearities

Basically, there are two types of nonlinearity presented in the system under inves-

tigation. First, the dynamic properties (stiffness and damping) of the oil film of

the thrust bearing are nonlinear. Numerous studies have been conducted to theo-

retically compute the dynamic stiffness and damping coefficient for thrust bearings

[61, 62]. These studies revealed that there exists strong nonlinear dependency of

the dynamic coefficients on the oil film thickness. This type of nonlinearity can be

modelled as the function of state variables.

Second, this study proposed a magnetic bearing type actuator to apply the con-

trol force to minimise the transmission of PIV excitation. The magnetic actuator

adds extra nonlinearity to the primary system. As per the characteristics of mag-

netic bearings, the force generated in an AMA is a nonlinear function of the control

current and air gap. The air gap is a function of the state variables of the system,

specifically the displacement of the shafting and that of the thrust bearing house.

The system will be modelled using a simple 2-DOF system, where the parameters

are unknown or nonlinearly dependent on state variables. Those state variables are

measurable on a practical propeller-shafting plant and, therefore, deemed as ‘known

values’ at any given point of time.
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3.3 Modelling of a Typical Propeller-shafting

System under PIV Excitation

When a running propeller delivers thrust, it simultaneously generates dynamic exci-

tation force, which propagates along the shafting and transmits into the hull struc-

tures. The dynamic propeller-shafting system is described in below.

3.3.1 System configuration and equation of motion

A typical propulsion system for an underwater vessel can be illustrated as shown

in Figure 3.1. The system consists of at least a propeller, shafting, thrust bearings,

coupling and driving motor.

Figure 3.1: Typical propulsion system for an underwater vessel

Figure 3.2 provides the system model based on the assumption that the hull

structures are rigid (hull dynamics can be included in future extension of this study).

In this 2-DOF model the shafting and the propeller were modelled as one single mass,

and the bearing house was modelled as another mass. The oil film of the thrust

bearing was modelled using stiffness and damping, which are nonlinear functions

of the displacement of the shafting and bearing house. The transmission path of

the bearing house was modelled using foundation stiffness and damping and the

un-modelled dynamics were represented by unknown stiffness and damping, which

will be handled by adaptive estimators in later chapters.
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Figure 3.2: 2 DOF lumped parameter mass-spring model of propeller-shafting
system

where,

Ms : mass of shafting plus propeller

Mh : mass of thrust bearing housing (including foundation)

Xs : displacement of the shafting

Xh : displacement of the thrust bearing house

Kt : stiffness of the thrust bearing oil film

Ct : damping coefficient of the thrust bearing oil film

Kh : stiffness of the thrust bearing foundation

Ch : damping coefficient of the thrust bearing foundation

Ku : un-modelled system stiffness

Cu : un-modelled system damping

Fp : excitation force induced by the propeller

Fc : total active control force generated by the actuator

The motion of the shafting mass Ms and bearing house mass Mh are described by

Equation (3.1), where the positive direction of the coordination is pointing to the

right in Figure 3.2.


MsẌs + (Cu + Ct) Ẋs + (Ku +Kt)Xs − CtẊh −KtXh = Fp − Fc

MhẌh + (Ch + Ct) Ẋh + (Kh +Kt)Xh − CtẊs −KtXs = Fc .

(3.1)
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3.3.2 State space description of the system

By defining the following state space variables



x1 = Xh

x2 = Ẋh

x3 = Xs

x4 = Ẋs

(3.2)

Equation (3.1) can be written as



ẋ1 = x2

ẋ2 = −
(
Kt

Mh
+ Kh

Mh

)
x1 −

(
Ct

Mh
+ Ch

Mh

)
x2 + Kt

Mh
x3 + Ct

Mh
x4 + Fc

Mh

ẋ3 = x4

ẋ4 = Kt

Ms
x1 + Ct

Ms
x2 −

(
Kt

Ms
+ Ku

Ms

)
x3 −

(
Ct

Ms
+ Cu

Ms

)
x4 − Fc

Ms
+ Fp

Ms
.

(3.3)

To be consistent in denotation, instead of using traditional notation, the following

constants were defined and used throughout the thesis:

θ21 = Kt

Mh

, θ22 = Ct
Mh

, θ23 = Kh

Mh

, θ24 = Ch
Mh

, θ41 = Ku

Ms

, θ42 = Cu
Ms

, r = Mh

Ms

.

and the equations were rewritten into the following state space and output form:



ẋ1 = x2

ẋ2 = − (θ21 + θ23)x1 − (θ22 + θ24)x2 + θ21x3 + θ22x4 + Fc

Mh

ẋ3 = x4

ẋ4 = rθ21x1 + rθ22x2 − (rθ21 + θ41)x3 − (rθ22 + θ42)x4 − Fc

Ms
+ Fp

Ms

y = [x1 x2]T .

(3.4)
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The dynamic control force Fc that is generated through the actuator’s interaction

with the shaft also acts on the bearing house, which is then used to counteract the

primary PIV excitation. In the above described model, all state variables (x1 ∼ x4)

are practically measurable, and the goal of control is to tune the control force

Fc to minimise the dynamic energy flowing into the hull structure, that

is, to regulate the thrust bearing house response (x1, x2) to zero, while

stabilising the shafting response (x3, x4).

3.4 System Dynamics

Active structural control means to apply a secondary force to alter the response of the

primary system. Thus, the inherent dynamics of the primary structure are crucial in

determining whether the system will be stable under the action of external control

force. For a system that is fully observable, the changes of system response are

clearly expressed and observed in the system output. The stability of such a system

is guaranteed by the controller. However, for the propeller-shafting model, not all

variables are observable in the control output when so-called ‘hidden dynamics’

exists. The changes of these hidden components cause an uncontrollable effect on

the stability of the controller because they are not part of the controlled output.

3.4.1 Zero dynamics

From the state Equation (3.4), the output of the controlled propeller-shafting system

contains only x1 and x2, which are the state variables of the bearing house. The

states of the shafting (x3, x4) are not observable from output y under the control.

They are the hidden dynamics or zero dynamics, which might destroy the stability

of the controller and needs close examination.

It is assumed that the system is certainty equivalent where all parameters are

known and there is an ideal control force Fc, which is readily available based on the
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known parameters. The state Equation (3.4) can be written in a matrix form as:

ẋ = Ax + BFc + DFp (3.5)

where x is a state vector; A is a n×n constant matrix, and B and D are a n×1

constant matrix.

x =



x1

x2

x3

x4


,

A =



0 1 0 0

− (θ21 + θ23) − (θ22 + θ24) θ21 θ22

0 0 0 1

rθ21 rθ22 − (rθ21 + θ41) − (rθ22 + θ42)


,

B =



0
1
Mh

0

− 1
Ms


,

D =



0

0

0
1
Ms


.

Based on the above assumptions, the ideal control force will have a simple feedback

form as follows:

Fc = −Cx, where C is positive gain matrix = [c1 c2 c3 c4] (3.6)
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The above expression is substituted into Equation (3.5) and rearranged to obtain:



ẋ1

ẋ2

ẋ3

ẋ4


=



0 1 0 0

− c1
Mh
− (θ21 + θ23) − c2

Mh
− (θ22 + θ24) − c3

Mh
+ θ21 − c4

Mh
+ θ22

0 0 0 1
c1
Ms

+ rθ21
c2
Ms

+ rθ22
c3
Ms
− (rθ21 + θ41) c4

Ms
− (rθ22 + θ42)



·



x1

x2

x3

x4


+ DFp .

(3.7)

To regulate the state variables (x1, x2) to zero, one straightforward choice of the

constant matrix could be:

C = [c1 = Mhθ21 c2 = Mhθ22 c3 = Mhθ21 c4 = Mhθ22] (3.8)

with which the controlled state space equation becomes:



ẋ1

ẋ2

ẋ3

ẋ4


=



0 1 0 0

− (2θ21 + θ23) − (2θ22 + θ24) 0 0

0 0 0 1

2rθ21 2rθ22 −θ41 −θ42


·



x1

x2

x3

x4


+



0

0

0
1
Ms


Fp . (3.9)

The controlled state variables of the bearing house can be extracted as:

ẋ1

ẋ2

 =

 0 1

− (2θ21 + θ23) − (2θ22 + θ24)

 ·
x1

x2

 = Ax1,2

x1

x2

 . (3.10)
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The characteristic polynomial of the state equations are

Px1,2(λ) = det(λI−Ax1,2) = λ2 + (2θ22 + θ24)λ+ 2θ21 + θ23 . (3.11)

Since θi,j are all positive numbers, both eigenvalues of this polynomial have a neg-

ative real value, which means the two states are asymptotically converging to zero

after the control.

With the response (x1, x2) converged to zero, the non-observable zero dynamics

of the system under control can now be obtained from Equation (3.9) and expressed

as follows:

ẋ3

ẋ4

 =

 0 1

−θ41 −θ42

 ·
x3

x4

+

 0
Fp

Ms

 . (3.12)

The characteristic polynomial of the zero dynamics is:

Px3,4(λ) = λ2 + θ42λ+ θ41 . (3.13)

The corresponding Hurwitz matrix is:

Hzero dynamics =

θ42 1

0 θ41

 . (3.14)

All the leading principle minors of the above matrix are positive. According to

the Routh-Hurwitz stability criteria, the states x3 and x4 are stable when the states

x1 and x2 are under control. Therefore, it can be claimed that the primary propeller-

shafting system has stable zero dynamics. A brief definition of Routh-Hurwitz sta-

bility is given in Appendix A.
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3.4.2 Input-to-state stability

The inherent zero dynamics of the propeller-shafting system have been proven in

section 3.4.1 to be stable. To further examine the stability type, the zero dynamics

can be written as:

ẋ3,4 = Ax3,4x3,4 + Dx3,4Fp (3.15)

where x3,4 is the state vector containing x3 and x4, Ax3,4 and Dx3,4 are two constant

matrices and

x3,4 = [x3 x4]T , Ax3,4 =

 0 1

−θ41 −θ42

 , Dx3,4 =

 0
1
Ms

 .

Since Ax3,4 is the Hurwitz matrix as shown in the previous section, the shafting

response in the time domain after control can be written as:

x(t)3,4 = e(t−t0)Ax3,4 x(t0)3,4 +
∫ t

t0
e(t−τ)Ax3,4 Dx3,4Fp(τ)dτ (3.16)

and a constant q exists that enables the following bound hold, where || • || denotes

the norms:

||e(t−t0)Ax3,4 || ≤ qe−λ(t−t0) . (3.17)

The shafting response can be further estimated as:

||x(t)3,4|| ≤ ||e
(t−t0)Ax3,4 x(t0)3,4||+ ||

∫ t

t0
e(t−τ)Ax3,4 Dx3,4Fp(τ)dτ ||

≤ qe−λ(t−t0)||x(t0)3,4||+
∫ t

t0
qe−λ(t−τ)||Dx3,4 || · ||Fp(τ)||dτ . (3.18)

Propeller induced excitation is practically bounded and the upper limit can be de-

noted as supt0≤τ≤t||Fp(τ)||. In addition, noting that λ has a negative real part, then
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||x(t)3,4|| ≤ qe−λ(t−t0)||x(t0)3,4||+
q||Dx3,4||

λ
supt0≤τ≤t||Fp(τ)||

∫ t

t0
eλ(τ−t)dλ(τ − t)

≤ qe−λ(t−t0)||x(t0)3,4||+
q||Dx3,4||

λ
supt0≤τ≤t||Fp(τ)|| . (3.19)

Here the initial state of the shafting response can be regarded as the response at

the time point when the control is switched on, which by any means is bounded.

Therefore, for every bounded input excitation induced by the propeller, the above

estimation shows that the shafting response, or the hidden dynamics of the system,

is bounded-input-bounded-state stable. In some references, it is also called input-

to-state stable (ISS).

3.5 Controllability

For many mechanical structures that were installed on the ground, the reaction force

from the actuator could be taken by a separate supporting structure, instead of the

primary system. However, the submarine propeller-shafting is different, as it is

basically self-contained. Any unwanted energy diverted from one part of the system

will flow into another part, unless it is dissipated. Active control aims to alter the

flow of dynamic energy without dissipation. In this study, the successful regulation

of the bearing house response means the dynamic PIV energy stops flowing into the

hull structures and starts flowing into the shafting.

Although the system is ISS stable, as proved in previous section, the control-

lability of the system is further restrained by the flow of the diverted PIV energy.

Specifically, the study is interested in discovering how the shafting response will

change when the dynamic energy flows in and to what extent and under what cir-

cumstances it will change? These factors determine whether the system is practically
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controllable under the imposed constraints of the small air gap between the magnetic

actuator and the shafting collar.

3.5.1 Transfer function from the disturbance to the shafting

response

System dynamics strongly depend on the configurations of the plant. This thesis ex-

amines three different scenarios over a broad range of systems that all have different

structural configurations because of the parameter uncertainties presented in this

application. The most straightforward way of examining the configuration’s effect

on the dynamic response is through the transfer function.

The Laplace form of Equation (3.3) without control can be written as follows,

where s is the complex angular frequency and all the variables are in the s−domain:



sx1 = x2

Mhsx2 = − (Kt +Kh)x1 − (Ct + Ch)x2 +Ktx3 + Ctx4

sx3 = x4

Mssx4 = Ktx1 + Ctx2 − (Kt +Ku)x3 − (Ct + Cu)x4 + Fp .

(3.20)

In the above equations, the first and third equations are substituted into the second

and rearranged to have:

x2 = Cts
2 +Kts

Mhs2 + (Ct + Ch)s+Kt +Kh

x3 . (3.21)

Again in Equation (3.20), the first and third equations are substituted into the

fourth one and rearranged to give:

Mss
2x3 = Kt

x2

s
+ Ctx2 − (Kt +Ku)x3 − (Ct + Cu)sx3 + Fp (3.22)
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where x2 can be removed using the expression in Equation (3.21) to give:

Mss
3x3 =(Kt + Cts)

Cts
2 +Kts

Mhs2 + (Ct + Ch)s+Kt +Kh

x3

− (Kt +Ku)sx3 − (Ct + Cu)s2x3 + Fps . (3.23)

Rearranging the equations yields the following transfer function from the disturbance

to the shafting response without control:

x3

Fp

∣∣∣∣∣
before control

= N (s)
D(s) (3.24)

where N (s) is numerator polynomial and D(s) is denominator polynomial with the

following expressions:

N (s) =Mhs
2 + (Ct + Ch)s+ (Kt +Kh)

D(s) =MsMhs
4 + (MsMt +MsCh +MhCt +MhCu)s3

+ (MsKt +MsKh + CtCh + CtCu + CuCh +MhKt +MhKu)s2

+ (CtKh + CuKt + CuKh + CtKu + ChKt + ChKu)s

+KtKh +KuKt +KuKh . (3.25)

When the system is controlled using an ideal control force, the bearing house re-

sponse (x1, x2) goes to zero. Following a similar procedure, the transfer function

from the disturbance PIV excitation to the shafting response after control can be

derived and expressed as:

x3

Fp

∣∣∣∣∣
after control

= 1
Mss2 + Cus+Ku

. (3.26)
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3.5.2 Effect of diverted PIV energy on the shafting response

under different configuration scenarios

With the transfer functions from the PIV disturbance to the shafting response, the

effect of the diverted energy on hidden dynamics can be investigated by examining

the change of shafting response (x3, x4) after control.

The effect is linked directly to the system configurations of the propeller-shafting

system. Three different scenarios of configuration based on system uncertainties are

closely examined in this thesis.

Scenario I: For the propeller-shafting system, is the system response stiffness con-

trolled or mass controlled?

Depending on working loads, design details and lubricant requirements, differ-

ent propulsion systems have different ratios of complex oil film stiffness to mass

of the shafting+propeller. From an energy perspective, the complex stiffness

(|Kt+jωCt|) roughly stands the energy transmitted into the bearing house and

hull structure, while the shafting+propeller mass (| − ω2Ms|) represents the

energy contained in the shafting (Note: this is one of many possible options

in regrouping the parameters which might all lead to similar results). The

ratio actually reflects the efficiency of dynamic energy transmission. Based on

the transfer functions, the change of shafting response can be examined by

comparing the responses before and after control at different system configu-

rations. Simulations of the comparison were conducted, where the ratio of oil

film complex stiffness to shafting+propeller mass were allowed to vary from

one percent to 100 times of the nominal values.

Scenario II: Is the complex stiffness of the thrust bearing foundation (|Kh+ jωCh|)

relatively stiff or soft with respect to oil film stiffness?

The foundation of the thrust bearing poses a type of uncertainty. Depending
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on structural design, the thrust bearing foundation might have different dy-

namic properties. Under this scenario, variations of the complex stiffness from

one percent to 100 times of the nominal values were considered to examine the

effect of the stiffness on the change of shafting response after control.

Scenario III: Is the un-modelled complex stiffness of the system (|Ku + jωCu|)

relatively great or relatively small?

The un-modelled system dynamics caused by wake field damping, frictions and

internal shaft components is difficult to model. It is necessary to investigate

how this type of uncertainty or system variation will affect the change of

shafting response after control.

3.5.3 Simulation results

Transfer functions before and after control were used to assess the change of shafting

response under different configuration scenarios. In the simulations, the nominal

configuration of the propeller-shafting system employed the model used in Lewis

and Allaire’s study [54, 55]. Table 3.1 summarises the nominal parameters used in

the simulations.

The simulation results are the logarithm ratios of the shafting response after

control to before control and are presented using the unit of dB.

Rshafting response = 20 log
(
x3|after control
x3|before control

)
(3.27)

The ratios of change are plotted as contours against the variations in system

parameters under scenarios I-III. On these plots, the negative values indicate that

the shafting response after control has decreased compared with the response before

control, the positive values mean the shafting response after control has increased

and zero values indicate the shafting response has not changed. In this way, the
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Table 3.1: Nominal parameters used for simulations

Parameters Description Nominal
Value

f
PIV frequency, based on shaft
revolution 240rpm and 5
propeller blades

20 Hz

Ms
Mass of the shafting plus the
propeller 2e4 kg

Kt Oil film stiffness 1e9 N/m
Ct Oil film damping coefficient 1e6 Ns/m
Mh Mass of bearing house 1e4 kg
Kh Stiffness of bearing foundation 9e9 N/m

Ch
Damping coefficient of bearing
foundation 1e6 Ns/m

Ku Un-modelled system stiffness 1e6 N/m
Cu Un-modelled system damping 1e6 Ns/m

contour is separated by the zero value curve into the response increased area and

response decreased area. Figure 3.3 to 3.5 give the results of the change (dB) of

shafting response against different combination of configuration scenarios, where the

parameters with a subscript zero refer to nominal configurations.

In addition to examining the effect of the complex stiffness varying as a whole,

simulations were conducted to check the independent variation of either the stiffness

or the damping coefficient under each of the proposed scenarios. Figure 3.6 to 3.8

give the results of the change (dB) of shafting response under these circumstances.
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Figure 3.3: Ratio of change of shafting response R = 20 log
(
response after control
response before control

)
at different system configurations; y axis (Scenario I): r1 = |Kt + jωCt|/| − ω2Ms|,
x axis (Scenario II): r2 = |Kh + jωCh|/|Kh0 + jωCh0|

Figure 3.4: Ratio of change of shafting response R = 20 log
(
response after control
response before control

)
at different system configurations; y axis (Scenario I): r1 = |Kt + jωCt|/| − ω2Ms|,
x axis (Scenario III): r2 = |Ku + jωCu|/|Ku0 + jωCu0|
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Figure 3.5: Ratio of change of shafting responseR = 20 log
(
response after control
response before control

)
at

different system configurations; y axis (Scenario II): r1 = |Kh+jωCh|/|Kh0+jωCh0|,
x axis (Scenario III): r2 = |Ku + jωCu|/|Ku0 + jωCu0|

Figure 3.6: Ratio of change of shafting response R = 20 log
(
response after control
response before control

)
at different system configurations; y axis (Scenario I): r1 = |Kt|/| − ω2Ms|, x axis
(Scenario I): r2 = |jωCt|/| − ω2Ms|
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Figure 3.7: Ratio of change of shafting response R = 20 log
(
response after control
response before control

)
at different system configurations; y axis (Scenario II): r1 = |Kh|/|Kh0|, x axis
(Scenario II): r2 = |Ch|/|Ch0|

Figure 3.8: Ratio of change of shafting response R = 20 log
(
response after control
response before control

)
at different system configurations; y axis (Scenario III): r1 = |Ku|/|Ku0|, x axis
(Scenario III): r2 = |Cu|/|Cu0|
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3.5.4 Observations and comments

Observation 3.5.4.A: Changes of shafting response are strongly influenced by the

configurations of the propeller-shafting system. Under the action of active control,

the shafting response of different system configurations can be increased, decreased

or unchanged.

Observation 3.5.4.B: Except for Figure 3.8, all plots indicate that, over the exam-

ined range of configurations of the propeller-shafting system, an area of decreased

shafting response exists. The physical implication of this is that with a range of sys-

tems the shafting response are decreased on successful control of the bearing house

response.

Observation 3.5.4.C: Figure 3.3 shows that, with large oil film complex stiffness

and bearing foundation complex stiffness, the shafting response can be significantly

increased after the active control is applied.

3.6 Conclusions

The propeller-shafting system was modelled in this chapter with attention given to

the transmission path of the dynamic energy. The hidden dynamics of the primary

system are critical to the success of the active control scheme. Zero dynamics were

closely investigated, and the results show that the propeller-shafting system has

stable hidden dynamics. A further analysis of the stability type reveals that the

system poses input-to-state stable structure.

Submarine propeller shafting is a self-contained system, which means that the

diverted dynamic energy will be confined to the system and, inevitably, it will affect

the remaining parts of the system unless it is dissipated. In this chapter, it was

found that the effect of the diverted energy on the shafting response depends on the

configurations of the primary system. Detailed analyses of transfer function from the
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force to response both before and after control were conducted. Simulation results

indicate that over the examined range of configurations, there exists a response

decreased area. The physical implication of this is that, there is a range of systems

with which the shafting response (x3, x4) are decreased on successful control of the

bearing house response (x1, x2).

The analysis also shows that, for those systems with large oil film complex stiff-

ness and bearing foundation complex stiffness, the shafting response can increase

significantly after the active control is applied. The increased response might exceed

the physical bounds of the air gap limit of the AMA.
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Chapter 4

Design and Analysis of the Active

Magnetic Actuator

4.1 Introduction

An actuator is critically important for the success of active control. In this research,

Active Magnetic Actuator (AMA) was proposed to apply the actuating force. The

special properties of the AMA match the unique requirements of the propeller-

shafting system, which makes the AMA particularly useful in the control of PIV.

Being free of contact means that it is possible to apply control force to rotating

shafting with the AMA mounted on a fixed bearing foundation. The magnitude of

PIV excitation requires the actuator to be capable of generating large force on a

relatively small size. The AMA’s load capacity could be as high as 20 N/cm2 or

even 40 N/cm2 with the proper material choice and optimal design. The frequency

range of PIV excitation is also within AMA’s capacity. Further, since there is no

wear during operation, actuating loss in an AMA will be low, as will maintenance

time and costs, which means that the AMA is cost-effective in the control of PIV.

The physical principle behind the AMA is governed by magnetism [110]. It was

demonstrated that a magnetic field is a relativistic distortion of the electric field of
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a moving charge. The general expression of the resulted electromagnetic force can

be derived from Maxwell’s equations, which governs the interaction of the magnetic

field and electric field.

The design of the AMA involves choosing many parameters that determine the

performance of the final design. These parameters include poles/coil configuration,

symmetry, magnetic material, coil packing factor and amplifier current capacities.

The AMA proposed in this research was evolved from an axial type of AMB, whose

geometries are relatively simple compared to those of a radial type magnetic bearing.

It is worth noting that the AMA only generates attractive force. To apply control

forces to the propeller-shafting along both directions, a double-sided AMA that

consists of two single-sided AMAs assembled in one frame needs to be developed.

This chapter summarises the AMA design and analysis. The force generated

by a single-sided magnetic actuator is first introduced, where the derivation of the

magnetic force is presented. The constraints that govern the performance and de-

sign of a practical AMA are analysed. An optimal design method based on these

constraints is given, with the specifications of the optimised AMA summarised in

Section 3. Following the analysis of the single-sided AMA, a double-sided AMA

model is presented using superposition principles. To enable differentiability, a spe-

cial function is proposed for the smooth distribution of the superposed force between

the two single-sided AMAs. Experimental studies were also carried out to examine

the practical properties of a real magnetic actuator. The results are presented in

the fifth section with comments following.
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4.2 Force Generated by a Single AMA

Materials are made up of atoms and atoms have electrons that move in circular

orbits and generate magnetic fields. In general, the magnetic fields around atoms

are randomly orientated and the aggregate effect is zero. However, in ferromagnetic

materials, it is observed that regions of the material exhibit coherence so that the

motions of the electrons tend to be coordinated to produce a net magnetic field [110].

4.2.1 General derivation of computing the magnetic force

The magnetic field within the ferromagnetic material is given 1 by

B = µ0 (H + M) (4.1)

where:

B : magnetic flux density within the ferromagnetic material,

H : magnetomotance, imposed magnetic field intensity,

M: magnetization of the ferromagnetic material,

µ0 : permeability of a vacuum, 4π × 10−7 Tm/A.

The magnetisation is defined by:

M = χH (4.2)

where χ is volume magnetic susceptibility.

The relation between flux density B and H can now be written as:

B = µ0 (H + M) = µ0 (1 + χ) H (4.3)

1The equations are extracted from Maslen [111]
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where the quantity 1 +χ is called relative permeability, µr. In any case, an effective

current density resulting from M can be defined as:

JM = 5×M (4.4)

and any free current in the volume leads to a non-zero curl in H:

JF = 5×H (4.5)

where JM and JF are effective current density and free current density, respectively.

The total force acting on the ferromagnetic body can be obtained through the volume

integral:

F =
∫

(JM + JF )×Bdv (4.6)

=
∫

(5×M +5×H)×Bdv . (4.7)

Substituting Equation (4.3) into the above expression yields:

F = 1
µ0

∫
(5×B)×Bdv . (4.8)

Next, the vector identities are applied:

∮
(B ·B) dS− 2

∮
B (B · dS) = 2

∫
B× (5×B) dv − 2

∫
B (5 ·B) dv (4.9)

and

(5×B)×B = −B× (5×B) (4.10)

the force is expressed as:

F = 1
µ0

∮
B (B · dS)− 1

2µ0

∮
(B ·B) dS− 1

µ0

∫
B (5 ·B) dv . (4.11)
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For static fields or fields varying at a moderate rate, 5 ·B = 0, which gives:

F = 1
µ0

∮
B (B · dS)− 1

2µ0

∮
(B ·B) dS . (4.12)

If the magnetic field is perpendicular to the surface of the iron everywhere, the force

becomes:

F = 1
2µ0

∮
|B|2dS . (4.13)

This is the general expression for computing the force on a ferromagnetic body. The

perpendicularity is obtained when the relative permeability of the magnet iron is

high, which is a commonly used assumption.

4.2.2 Force–current modeling of single-sided AMA

A single-sided AMA originates from the single-sided axial magnetic bearing. Fig-

ure 4.1 gives an illustrative sketch of such a structure. The main parameters for

the description of an AMA are as follows, some of which have been defined in the

previous section:

B : magnetic flux density Tesla

φ : magnetic flux Tesla-metre2

µ : permeability Tesla-metre per Ampere

µr : relative permeability -

H : magnetomotance Amperes per metre

J : current density Amperes/metre2

I : current Amperes

l : length metres

N : turns of the coil -

Ag: cross section area of air gap metre2

g : working air gap millimetres
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g0 : initial air gap millimetres

x : vibration displacement millimetres.

Figure 4.1: Illustrative sketch of a single-sided AMA

Assuming J is uniform in all the turns of the coil, and applying Green’s theorem to

the magnetomotance equation
∫
A5×H · da =

∫
A Jda, the following Ampere’s loop

law is obtained: ∮
H · dl =

∫
A

Jda . (4.14)

In Figure 4.1, it can be seen that JA = NI, where A is the area enclosed by the

flux path. Thus, the discretised form of the above equation has the expression of:

ns∑
i=1

Hili =
nc∑
i=1

NiIi (4.15)

ns : number of discretised sections of the flux path

nc : number of coils.

Assuming the permeability is constant within each segment, Bi = µiHi, which gives:

ns∑
i=1

Bili
µi

=
nc∑
i=1

NiIi . (4.16)
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In addition, the conservation of flux gives:

5 ·B = 0 (4.17)

in integral form ∫
s

∫
B · da = 0 . (4.18)

Conservation means no flux leakage along the path. For ns discrete sections, the

following should hold, where B is perpendicular to each cross-section:

ns∑
i=1

∫
Ai

Bida = 0 . (4.19)

Since B is uniform over each cross section, then the above can be written as:

ns∑
i=1

BiAi =
ns∑
i=1

φi = 0 , (4.20)

where Ai is the cross section area, which can be designed the same deliberately to

give equal Bi along the whole flux path.

The flux path of the single AMAmodel in Figure 4.1 can be broken into four sections:

l1 : flux path within the iron of AMA

l2 : flux path within the iron of shaft collar

lag1 : flux path within the outer ring air gap

lag2 : flux path within the inner ring air gap.

with Ampere’s loop law in Equation (4.16) to give:

B1l1
µ1

+ B2l2
µ2

+ Bag1lag1

µag1
+ Bag2lag2

µag2
= NI . (4.21)

Conservation of flux in Equation (4.20) with constant cross-section area gives:

B1 = B2 = Bag1 = Bag2 = B . (4.22)
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Since the permeability of iron is much greater than that of air, then the following

approximation holds:

l1
µ1
,
l2
µ2
� lag1

µag1
,
lag2

µag2
, (4.23)

where:

µag1 = µag2 = µ0, lag1 = lag2 = g ,

and Equation (4.21) becomes:

2Blg
µg

= NI , (4.24)

which gives:

B = µ0NI

2g . (4.25)

The general force expression (Equation (4.13)) derived in the previous section com-

bined with the assumptions in this section gives:

F = 1
2µ0

∫
s

∫
|B|2da = 1

2µ0

ns∑
i=1

B2
iAi . (4.26)

Assuming flux is fully contained in the air gap without leakage, then

F = 2B2Ag
2µ0

= B2Ag
µ0

. (4.27)

Substituting Equation (4.25) into the expression yields:

F = µ0N
2I2Ag

4g2 . (4.28)

The above equation is the force model of a single-sided AMA which gives the relation

between the control current and the subsequently generated force.
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4.3 Design of a Single-sided AMA

The design of a real AMA is a process involving optimasation of multiple indepen-

dent parameters under series of physical constraints.

4.3.1 Constraints that govern the design of AMA

Practical constraints that should be considered are detailed below.

A. Material saturation

Magnetic materials exhibit a flux density B in response to an imposed magneto-

motance H. Permeability is the slope of the B − H curve. Figure 4.2 is a typical

B−H curve of magnetic material showing hysteresis phenomenon. In the curve, the

initial permeability (=B/H slope) is low and the centre permeability is high; at high

H values the asymptotic permeability is µ0. The asymptotic behaviour is called

saturation, which sees a loss of permeability at high B (H). This occurs because

all magnetic domains in the ferromagnetic material have become aligned under the

imposed field and the material can no longer amplify the applied field [111].

Figure 4.2: Hysteresis curve of magnetic material
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Practically, when the saturation effect occurs, an AMA is not able to produce extra

control force beyond that point, even when the control current continues to increase.

Using Bs to denote the saturation flux density in the above curve, the maximum

control force that can be achieved by an AMA is:

F = 1
2µ0

∫
s

∫
|Bs|2da = 1

2µ0

ns∑
i=1

B2
sAi . (4.29)

B. Copper factor

The force generating coil is wound around a form using copper wires. Regardless

of the type of coil, the winding packing is never able to fully fill the coil area. For

round wire, the packing factor is usually around 0.7 and for square wire, the packing

factor can be higher.

The winding wire contains an insulation layer, which also occupies space. Differ-

ent wire sizes may have a different copper-insulation ratio, that is, a small wire has

thinner insulation, while a large wire has a thicker one. Most moderate temperature-

rated wire has a ratio of copper-insulation of around 0.7.

Let η denote the total copper factor:

η = ηpackingfactor · ηinsulationratio (4.30)

The practical ampere-turn NI is now:

NI = ηJAca (4.31)

where Aca is the area of the AMA casing cavity for the coil. The force produced in

an AMA then becomes:

F = η2µ0J
2

4g2 AgA
2
ca . (4.32)
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C. Thermal limit

The maximum current that can be injected into a coil is limited by the coil’s thermal

capacity. The limitation can be expressed in the maximum current density that a

coil can carry. Small wires carry a small current and large wires carry a large

current. The current density is mainly determined by cooling measures. For a

convectively cooled coil (where geometry optimisation has been considered) at room

temperature (around 21 degrees Celsius), which is the case in this research, the limit

is approximately 5 A/mm2 to 6 A/mm2 [111]. The thermal condition in combination

with the copper factor renders the maximum ampere-turns achievable in a practical

coil as:

NI = 6ηAca, where the unit for area is mm2 (4.33)

regardless of the size of wire or number of turns used.

4.3.2 Optimal design of AMA structure

In the context of practical constraints and expected performance measures, the de-

sign of an AMA structure is an optimal process of choosing multiple free parameters

to achieve the best results. The following parameters are usually chosen before the

structure design:

• material, based on saturation property and cost of fabrication

• maximum current that is going to be carried in the coil

• form of winding packing

• size of wire and turns of wire.

From Equation (4.32), it is clear that an increase in the area of the air gap cross-

section A and that of the coil cavity Aca will increase the force generated by the

AMA. However, in practice, the size of the AMA is not completely free to increase

without restrictions. Particularly, when the total volume of an AMA is fixed, which

is common when space for installation is limited, an increase of air gap cross-section
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will inevitably lead to a decrease in coil cavity and vice versa. To find out the best

ratio between A and Aca that allows maximum force be achieved, an optimal design

process is normally required.

The optimal issue can be described mathematically as:

F (A,Aca) = η2µ0J
2

4g2 AA2
ca : Find (A,Aca)optimal −→ FMAX (4.34)

under the restrictions of:

V (A,Aca) ≤ V0, and Aca ≤
2Bsg

ηJµ0
. (4.35)

The second restriction implies that after the flux density reaches the saturation

point, it is meaningless to continue increasing the area of the coil cavity.

The dimensional description of the AMA is shown in Figure 4.3, where D and

D0 are the outer and inner diameter of the AMA casing and D2 and D1 are the

outer and inner diameter of the coil cavity. lama is the width of the AMA and g is

the working air gap.

Figure 4.3: Sketch of AMA structure design

The flux path within the AMA can be divided into three sections with different

cross-section areas A1 ∼ A3, where A1 and A2 are the area of the two cross-sections
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cut by A-A and A3 is the cross-section cut by B-B. The areas can be calculated

easily using:

A1 = πa1 (D − a1) ,

A2 = πa2 (D0 + a2) , (4.36)

A3 = πa3 (D0 + 2a2) .

To best utilize the material and avoid unnecessary redundancy, the flux density in

the three sections should be kept the same, which means the area of cross- section

on each flux path should be equal to each other:

A1 = A2 = A3 = A . (4.37)

The relation between the coil cavity area Aca and the air gap area A can be obtained

as follows:

Aca =

(
πlama

√
D2

0 + 4A/π − 2A
) (√

D2 − 4A/π −
√
D2

0 + 4A/π
)

2π
√
D2

0 + 4A/π
. (4.38)

It can be seen that, when D,D0 and lama are fixed (fixed volume condition), the

area of the working air gap is a function of the area of the coil cavity.

Substituting the above expression into Equation (4.32) gives the force as:

F = η2µ0J
2

4g2 A


(
πlama

√
D2

0 + 4A/π − 2A
) (√

D2 − 4A/π −
√
D2

0 + 4A/π
)

2π
√
D2

0 + 4A/π


2

.

(4.39)

The optimal value of cross-section area A can be found by maximising the force

generated by the AMA. Figure 4.4 is a plot of the above function over a range of A.

In this design, the outer diameter was chosen as D = 136 mm, the inner diameter

as D0 = 28 mm and the length of the AMA as lama = 52 mm.
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Figure 4.4: Force (N) -area (mm2) curve for optimal value of cross-section area A

Figure 4.5: Photo and 3D model of the optimised structure of the AMA casing

For any given current density J , Figure 4.4 shows the AMA force changing

along different cross-section areas (A); the change of J only shifts the entire curve

upwards or downwards. The peak of the curve gives the optimal value of A, which is
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approximately 2,050 mm2 and gives the optimal parameters of a1 = 5 mm, a2 = 15

mm and a3 = 12 mm. These three parameters were used to complete the remainder

of the structure design. Figure 4.5 shows the 3D model and the actual AMA that

was manufactured based on the optimal structures.

4.3.3 Summary of AMA specifications

The AMA was designed to produce a peak dynamic force of up to 300N with the

chosen power amplifiers. Optimal design under the frame of given global dimen-

sions was carried out. The power amplifier is a commercial product of compact size,

which is a pulse-width-modulation (PWM) switching type supplied by a company

called A-M-C. The amplifiers provide good linearity and stable output using cur-

rent compensation design. The following data sheet briefly summarises the main

specifications of the AMA.

Performance specifications

Static load capacity 150 N

Peak load capacity 300 N

Frequency <100 Hz

AMA structure geometries

Casing outer diameter 136 mm

Casing inner diameter 28 mm

Coil cavity radial width 34 mm

Coil cavity axial length 40 mm

Nominal working gap 1 mm

Cross section area of working gap 2,050 mm2
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Material property

Material grade carbon steel 1020

Heat treatment annealing

Saturation of flux density 1.0-1.4 Tesla

Coil specifications

Insulation temperature class class F/155℃

Wire gauge 9 AWG

Number of turns 63

Number of layers 7

Coil resistance <0.1 Ohms

Slot insulation thickness 0.4 mm

Inductance 4.3 mH

Heat generated at 12.5 A < 15 W

Power amplifier

Amplifier type switching PWM

Peak current 25 A

Continuous current 12.5 A

Operation mode current with output compensation

4.4 Double-sided AMA Force Modelling

The magnetomotive force applied by a single-sided AMA on the shafting collar

is attractive force only. To be able to apply control forces on both directions to

counteract the propeller-induced excitation, a double sided AMA is required.
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4.4.1 Force superposition

Figure 4.6 shows a double-sided AMA assembly that is inserted into the propeller-

shafting system. The two single-sided AMAs were fitted into a common frame,

which was then mounted onto the thrust bearing house.

Figure 4.6: Propeller-shafting system with a double-sided AMA installed

A simplified zoomed sketch of the double-sided AMA is shown in Figure 4.7.

The double-sided AMA force can be obtained from the vector superposition of the

two forces generated from the single-sided AMAs on each side. For the convenience

of description, the following variables and constants are defined:

xa : dynamic displacement of double-sided AMA

xs : dynamic displacement of shafting

g1 : working air gap of AMA1

g2 : working air gap of AMA2

I1 : control current in AMA1

I2 : control current in AMA2

F1 : force generated in AMA1

F2 : force generated in AMA2

Fc : total control force generated in the double-sided AMA

Tgap: total air gap between the inner face of the double-sided AMA.
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Figure 4.7: Sketch of the double-sided AMA structure

The coordinate positive in Figure 4.7 was defined as pointing to the right. Thus,

the dynamic air gap can be expressed as:

g1 (xa, xs) = g0 + xs − xa

g2 (xa, xs) = Tgap − g0 − xs + xa , (4.40)

where g0 is the initial air gap between AMA1 and the collar. With the force-current

relation in Equation (4.28), the forces generated on the two sides are:

F1 (xa, xs, I1) = − µ0AgN
2

4g2
1 (xa, xs)

I2
1

F2 (xa, xs, I2) = µ0AgN
2

4g2
2 (xa, xs)

I2
2 , (4.41)

and the total force generated in the double-sided AMA is:

Fc = F1 + F2 = µ0AgN
2

4

(
I2

2
g2

2 (xa, xs)
− I2

1
g2

1 (xa, xs)

)
. (4.42)

It is noted that AMA dynamic displacement xa is equal to the vibrational dis-

placement of the thrust bearing house. In addition, it is apparent that a physical

restriction exists that air gap g1 and g2 can never be negative, that is, the following

non-symmetrical constraint holds:

−g0 < xs − xa < Tgap − g0 . (4.43)
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4.4.2 Force–voltage relationship

In practical implementation, the variable that the controller intends to change is

normally the input voltage fed to the actuating system. It was shown previously

that the force is related to the square of the current that the coil carries. It is also

of interest to link the force directly to the control voltage.

Without compensation from the amplifier, the current incurred in a coil when fed

with control voltage will be the function of the coil’s parameters and the frequency

of the voltage. The coil can be simplified as a combined load of inductance and re-

sistance, which links the applied voltage to the resulted current in the following form:

Va = IR + dI

dt
L = (R + jωL)I (4.44)

where j =
√
−1 is the imaginary unit. Va is the input voltage to AMAs, R is the

resistance of the coil and L is the inductance of the coil.

It can be seen that the combination of resistance plus the product of inductance

and the frequency determines how much current will be incurred by a voltage. How-

ever, the relation is not linear in a way that the resulted current in the coil drops

with an increase in the frequency. How fast the current drops depends on the ratio

of the inductance to resistance. For a specified circular frequency ω, the current is

given by:

I = 1√
R2 + (ωL)2

Va = 1√
R2 + (2πfL)2

Va . (4.45)

The force-voltage relation of Equation (4.42) can now be written as:

Fc = µ0AgN
2

4

 V 2
a2

g2
2 (xa, xs)

√
R2

2 + (2πfL2)2
− V 2

a1

g2
1 (xa, xs)

√
R2

1 + (2πfL1)2

 (4.46)

where the subscripts 1 and 2 of the variables refer to AMA1 and AMA2, respectively.

Nevertheless, the unwanted nonlinear dependency of the current on the voltage

can be removed by choosing power amplifiers properly. The amplifiers used in this
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study provided a current output feedback circuit, which continuously detected the

current draw by the load. The detection was then fed back to the control circuit to

initiate an adjustment to compensate the current loss.

4.4.3 Force distribution based on switch function

When power amplifiers are chosen, the maximum feed current and magnetic force

are determined. The total force produced by a double-sided AMA is the result of

superposition of the two single AMA forces. Therefore, it is important to decide the

distribution of the force on each of the two single AMAs to maximise the total force

capacity of the double-sided AMA under a fixed current capacity.

A single-sided magnetic actuator generates attractive force only. In Figure 4.7,

the two forces F1 and F2 are always in the opposite direction. To obtain the maxi-

mum combined force, one AMA should operate at the zero current, while the other

one operates at the maximum current point. Any other arrangements will result in

less combined force, as the two forces tend to cancel each other out.

The two single-sided AMAs are fed by two independent currents I1 and I2, which

are both controlled by the central digital signal processor (DSP) using one set of

algorithms. The controller determines how and when to distribute the forces between

the two single-sided AMAs. To obtain the maximum combined actuating force, as

mentioned earlier, the ideal case is to operate one AMA at full capacity while leaving

the other one at zero capacity. This force distribution can be described with the

following switch function:


F1 = 0, F2 = Fc, if Fc > 0

F1 = Fc, F2 = 0, if Fc < 0 .
(4.47)

Using the above function, the combined force can be plotted against F1 and F2 in

Figure 4.8.
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Figure 4.8: Combined force of the double-sided AMA on switch distribution func-
tion; Solid line: AMA1 force that has zero contribution when the control force is
required to be negative; Dashed line: AMA2 force that has zero contribution when
the control force is required to be positive

It should be pointed out that, although this switch function has the best efficiency

in maximising the total force, the force distribution is only a theoretical proposal.

In practice it is not physically possible to achieve such a non-smooth switch function

without inducing impulse excitation to the system.

4.4.4 Differentiable force distribution function

It is desirable to introduce a new type of function for the distribution of the force on

the two single-sided AMAs. As mentioned earlier, one reason is that a non-smooth

switch function introduces impulse excitation to the system. Another reason is that

the backstepping controller requires derivatives of each single-sided AMA force. The

above proposed switch functions F1 and F2 are apparently not differentiable. To

overcome this, a differentiable distribution function was proposed.
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F1 = 1

2

(
Fc −

√
F 2
c + γ2

0

)
F2 = 1

2

(
Fc +

√
F 2
c + γ2

0

)
,

(4.48)

where γ0 is a small constant. The choice of a different value of γ0 will have an effect

on the performance of the controller, which will be examined in later chapters.

The combined force can be plotted as follows:

Figure 4.9: Combined force of the double-sided AMA on differential distribution
function that allows smooth switching between the two single-sided AMA

With this differential function, the following properties are obvious:

a) F1 and F2 are differentiable

b) F1 + F2 = Fc at any point of time

c) when Fc < 0

F1 ≈ Fc, F2 ≈ 0+, lim
Fc→−∞

F1 = Fc, lim
Fc→−∞

F2 = 0

d) when Fc > 0

F1 ≈ 0−, F2 ≈ Fc, lim
Fc→+∞

F1 = 0, lim
Fc→+∞

F2 = Fc

e) when Fc = 0, then F1 = −1
2γ0, F2 = 1

2γ0 .
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4.5 Experimental Analysis of AMA Properties

Experimental studies were carried out to understand the characteristic properties of

a real AMA. The results of the experiments and the comparison against theoretical

analysis provide useful references to future implementation on real structures.

4.5.1 Experimental rig

A. System description

Figure 4.10 gives the block diagram of the experimental setup. The actuating sys-

tem consists of a Analog Devices ADSP-21061 of 40MHz and 16-bit AD/DA, a

preamplifier, which may not be necessary depending on the DSP capacity, a power

amplifier and an AMA designed to produce dynamic forces up to 300 N.

Figure 4.10: System description of AMA experimental setup

The variables to measure include the force generated by the AMA and the current

drawn by the coils. The measuring system consists of IEPE force transducers, signal

conditioning modules, NI-DAQ and analysis software.
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B. Experimental rig

The test rig that was designed for conducting experiments on the AMA is shown

in Figure 4.11. The shaft and collar were fabricated from carbon steel and were

Figure 4.11: Test rig for investigating AMA characteristics; left: 3D rendered
image; right: Photograph of real system

used to simulate propulsion shafting. No rotation of shafting was introduced at this

stage. Two sets of springs with varying degrees of stiffness were used: one to simulate

thrust bearing parameters and the other to simulate un-modelled system parameters.

Eddy current transducers can be placed to measure displacements and air gaps if

needed. Four IEPE force transducers were inserted into the force transmission path

to measure the force generated by the AMA.

4.5.2 Receptance of the experimental rig

It is important that all the measurements are free of impacts from any resonance

of the rig. As a minimum requirement, the rig should have no natural frequency at

the low frequency range where the AMA experiments are carried out.

The receptance function of the rig was measured where the rig was excited by

an impulse input using an impact hammer. The excitation was applied along the

shaft in the axial direction, which is the same as the direction of the AMA forces.

The response was measured on the mounting plate of the AMA. The amplitude and
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phase of the measured receptance function are plotted in the following figure. It can

be seen from the figure that the first peak of resonance is at approximately 240 Hz,

which is well above the low frequency range (less than 100 Hz) of interest.

Figure 4.12: Measured receptance (re 10−5 m/N) function of the experimental rig

4.5.3 Measured current drawn by the AMA coil

The controller is set to change the control voltage while the force is generated by

carrying current in the coil. Therefore, it is necessary to examine the practical

relation between the current drawn by the AMA coil and the voltage feed to the

actuator at different frequencies. In the experiments, the amplifier output current Ic

was measured against the amplifier input voltage Vc. The amplitude of the voltage

varies from 0.4 V to 10 V with an increment of 0.4 V; the frequency of the voltage

varies from 1 Hz to 75 Hz with an increment of 1 Hz.

Figure 4.13 gives the 3D mapping of the measured relationship between the

current and the voltage at different frequencies. It was noted in the figure that, at

lower frequency ranges, the current is linearly dependent on the input voltage, as
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shown in the current-voltage curve at f = 5 Hz in Figure 4.14.

Figure 4.13: 3D mapping of current-voltage relation

Figure 4.14: Low frequency current-voltage relation, f = 5 Hz

At higher frequency ranges, when the amplitude of the voltage is high, the current

increases more slowly than at a lower voltage, as shown in Figure 4.15. The output
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is below 25 A which is the specified limit of current output for the power amplifier.

Figure 4.15: High frequency current-voltage relation, f = 55 Hz

4.5.4 Measured force generated by the AMA

Four force transducers were inserted into the force transmission path. They were

equally distributed spatially underneath the plate that simulates the thrust bearing

housing. The forces were measured at different voltage inputs (Vc) to the amplifier.

The amplitude of the voltage varies from 0.4 V to 10 V with an increment of 0.4 V;

the frequency of the voltage varies from 1 Hz to 150 Hz with an increment of 2 Hz.

A. Force capacity of the AMA

The second order of the measured force spectrum has the greatest magnitude because

of the dependency of force on the I2 term (see Figure 4.16 and 4.19). It can be seen

that, when the frequency increases, the force drops. The maximum force is generated

at the lowest frequency where the eddy current induced loss is minimal. Figure 4.17

gives the measured force curve at the lowest frequency of f = 1 Hz.
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Figure 4.16: 3D mapping of force generated at harmonic order 2.0

Figure 4.17: Measured force-voltage curve at the lowest frequency f = 1 Hz

The trend of the curve shows that, when voltage increases, the force increases

roughly in proportion to the square of the voltage. It also shows that the largest

force the AMA can produce with an input voltage of up to 10 V is approximately 90
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N×4=360 N (the four transducers were almost equally loaded, as indicated later).

Theoretically the force could be as large as

F = B2Ag
µ0

= 1.02 × 2050× 10−6

4× π × 10−7 = 1632 N

The actual force obtained is approximately 22 per cent of the theoretical calculation.

It must be kept in mind that the theoretical calculation did not consider any leakage

of magnetic flux or variation of material saturation. Schweitzer [101] mentioned that,

in practical situations, 20 N/cm2 is achievable with decent magnetic material. By

using Schweitzer’s figure, around 410 N is achievable for this application which is

close to 360N. Indeed, there is room above the already obtained force if the voltage

could be increased beyond 10 V with more powerful amplifiers.

B. Effect of the eddy current loss on AMA capacity

When the flux changes in the iron under the action of AC current, magnetic loss will

be caused by induced eddy current. Basically, eddy current loss is proportional to

the square of the frequency. Normally, to reduce the effect requires to alter the shape

or dimension of the iron, for instance, by using laminated iron sheets. However, for

an axial type magnetic bearing, it is not easy to do so. Figure 4.18 is an example

that shows significant loss induced by eddy current at high frequencies (the small

peaks pose no concerns since the frequencies of interest are below 100Hz).

C. Force generated at other harmonics

The force generated at other harmonics is significantly smaller because of the de-

pendency of the force on the square term of the control current. The impact of

other harmonics is particularly negligible at low frequency range. Figure 4.19 gives

an example of the four harmonics of the AMA force. It was noticed that the peak

at around 240 Hz was caused by the resonance of the test rig.
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Figure 4.18: Force varying along the frequency at input voltage = 6 V

Figure 4.19: Forces of different harmonic orders, input voltage = 6 V
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D. Force distribution on the four sensors

The four transducers were placed underneath the four corners of the square-shaped

plate, which simulates the thrust bearing house. It was expected that the load of

the shafting would be equally distributed on the four transducers because of the

symmetric geometry of the whole test rig. Figure 4.20 shows that the measured

forces from the four sensors were close. The slightly larger force on sensor 2 is due

to unavoidable fabrication and assembly errors.

Figure 4.20: Forces measured on different transducers, input voltage = 6 V

4.6 Conclusions

The magnetomotance determines the force generated by the AMA. The force model

of a single-sided AMA was derived in this chapter. Before reaching the saturation

point, the force is related to the square of the cross-section area of the air gap. The

AMA force is also a quadratic function of so-called ‘ampere turns’, which are the

product of coil turns and carrying current. Further, the force is inverse quadratically
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depending on the air gap.

The practical design of an AMA involves consideration of practical constraints.

The material saturation determines the maximum flux density that could be incurred

in the material, and the way the coil is wound restricts the maximum ‘ampere turns’

achievable in a given cavity area. In addition, the maximum current carried in the

coil has to be limited by the thermal condition surrounding the AMA.

Optimal structure design of an AMA was to maximise the force achievable under

physical restrictions. A method of optimising the choice of the cross-section area of

the working air gap was given. One set of AMAs was designed based on this method

and manufactured for experimental studies.

A double-sided AMA model was described in this chapter using the superposi-

tion principle, based on single-sided AMA models. In particular, to maximise the

combined force in the double-sided AMA, a special force distribution function was

proposed, which was differentiable and could be used in controller design.

The AMA properties were examined experimentally. The voltage-current rela-

tion was found to have good linearity because of the current compensation design

of the power amplifiers. The force generated by the AMA was measured at different

voltages and frequencies. Results showed that the peak force generated by the AMA

was close to what is claimed as normal capacity. The experimental study also re-

vealed that the forces from the AMA were strongly affected by eddy-current losses;

the loss had a quadratic dependency on the frequency of carrying current in the coil.
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Chapter 5

Nonlinear Controller Design and

Analysis for Certainty-equivalent

Propeller-shafting System

5.1 Introduction

A propeller-shafting system is a complex structure where nonlinearities, system un-

certainties and unknown disturbance are all present; the inclusion of actuator dy-

namics also adds to the complexities. Therefore, controller design needs to address

these issues carefully to effectively minimise PIV excitation transmitting into hull

structures. In previous two chapters, system dynamics have been thoroughly in-

vestigated and novelty concept of AMA actuators have been proven capable and

practical. Based on these results, the following two chapters present the work of

adaptive nonlinear controller design, where backstepping control design for a cer-

tainty equivalent system will be given in this chapter and adaptive control design

for addressing uncertainties will be given in next chapter.

In this chapter, system uncertainty was excluded temporarily and all parameters

assumed known. A quick brief of the concept of backstepping nonlinear control is
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provided first. The nonlinearity arising from the interaction between the actuator

and the propeller-shafting system was added to the primary system model to form an

augmented nonlinear system. The main results of the controller design are reported

in steps. The simulations of the controller are presented in the fourth section with

observations and comments given. The performance of the controller is affected by

design constants, and the analysis of controller performance under different choices

of design constants is summarised in the fifth section. The designed controller forms

the basis for a more sophisticated structure of adaptive nonlinear control proposed in

the next chapter, where oil-film nonlinearities, parameter uncertainties and unknown

disturbance are included and addressed.

5.2 Quick Review on Backstepping Techniques

Backstepping is a method that can be used on general nonlinear systems of special

structure to find an output that has a passivity property, including relative degree

one and stable zero dynamics. To simplify the presentation without too much math-

ematics, this section will use a simple case to briefly illustrate the concept of this

method.

First, a simple nonlinear system of two integrators is considered, where f1 and

q1 are two nonlinear functions and u is the control input:


ẋ1 = f1(x1) + q1(x1)x2

ẋ2 = u .

(5.1)

It is noticed that the first equation does not explicitly depend on u. A virtual control

α(x1) can be constructed in the following form, where z is the error function and is
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of relative degree one:1.

z = x2 − α(x1) . (5.2)

The choice of virtual control is to ensure the system has stable zero dynamics.

Assuming z = 0, then the zero dynamics satisfy:

ẋ1 = f1(x1) + q1(x1)α(x1) . (5.3)

This gives another stabilisation problem from α(x1) to x1. However, this problem

is for a lower dimensional system of order 1 with α(x1) as the control input. If the

choice of α is made as:

α = − [x1 + f1]
q1

, (5.4)

then the zero dynamics Equation (5.3) becomes:

ẋ1 = −x1

which is clearly stable. Of course z cannot simply be assumed to be zero; it has to

be regulated to zero by the control input. The original problem in terms of x1 and

z can be expressed as

ẋ1 = f1 + q1x2

= f1 + q1(z + α)

= f1 + q1

(
z − [x1 + f1]

q1

)

= −x1 + q1z , (5.5)

1Relative degree one could be explained simply as a condition when the first derivative of the
output explicitly depends on the control input. For this case, ż = ẋ2 − α̇(x1) = u− α̇(x1).
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and taking the derivative of z to have:

ż = ẋ2 −
dα

dx1
ẋ1

= u− dα

dx1
(−x1 + q1z)

= u− dα

dx1

{
− x1 + q1(x2 − α)

}
. (5.6)

Now, the Lyapunov function is introduced in the following form:

V = 1
2x

2
1 + 1

2z
2 , (5.7)

and the derivative taken:

V̇ = x1ẋ1 + zż

= x1[−x1 + q1z] + z[u− dα

dx1
(−x1 + q1z)] . (5.8)

The items are rearranged to obtain:

V̇ = −x2
1 + z[u− dα

dx1
(−x1 + q1z) + q1x1] . (5.9)

To have an asymptotically stable system, the control u should be chosen to render

the derivative of the Lyapunov function non-positive. Indeed, by choosing such a

control u as:

u = dα

dx1
(−x1 + q1z)− q1x1 − z , (5.10)

the derivative of the Lyapunov function becomes:

V̇ = −x2
1 − z2 . (5.11)

This can be used to establish that the control law defined in Equation (5.10) is
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globally asymptotically stable and the non-zero variables (x1, z) are converging to

zero. The closed-loop system resulting from this control law is:


ẋ1 = −x1 + q1(x1)z

ż = −z − q1(x1)x1 .

(5.12)

5.3 Augmented Nonlinear Propeller-shafting Model

To include the force model of an AMA into the propeller shafting system, the force

generated by the double-sided AMA needs to be expressed using state variables.

Recall in Chapter 4 AMA force has the form of:

Fc =
∑

(Fama1, Fama2) = µ0AgN
2

4

(
I2

2
g2

2 (Xa, Xs)
− I2

1
g2

1 (Xa, Xs)

)
(5.13)

where Xs is the shafting response and Xa is the displacement of the AMA. It is

noticed that the AMA actuator is mounted onto the bearing house, then Xa is equal

to the displacement response of the bearing house Xh. With the definition of the

state variables from Chapter 3 :

x1 =Xh = Xa, x2 =Ẋh = Ẋa ,

x3 =Xs, x4 =Ẋs ,

the force is then expressed in state variables as:

Fc = µ0AgN
2

4

(
I2

2
g2

2 (x1, x3) −
I2

1
g2

1 (x1, x3)

)
. (5.14)

5.3.1 Added variables of control current

On inclusion of the AMA actuator into the primary propeller-shafting system, two

extra state variables are needed to express the coil carrying currents. The two con-
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trol currents that are fed into the double-sided AMA are independent from each

other, and are regarded as two separate variables denoted with I1 and I2. For prac-

tical implementation of active control, it is more common to manipulate the input

voltages of AMA actuators, which are denoted with Va1 and Va2.

Based on Kirchhoff’s loop law, the AMA coils have:

R1I1 = Va1 −
(
L1
dI1

dt
+ I1

dL1

dg1

dg1

dt

)
,

R2I2 = Va2 −
(
L2
dI2

dt
+ I2

dL2

dg2

dg2

dt

)
, (5.15)

where R and L are defined in Chapter 4 as the resistance and inductance of the coils.

In the above expression, it is practically acceptable to assume the change of coil’s

inductance L, caused by the variation in air gaps, can be ignored when compared

to its nominal value. Therefore, the model can be simplified as:

R1I1 = Va1 − L1
dI1

dt
,

R2I2 = Va2 − L2
dI2

dt
. (5.16)

Two new variables are defined to denote the normalised control voltages as:


u1 = Va1

L1

u2 = Va2

L2
,

(5.17)

then the state equations of the two current variables can be written as:

dI1

dt
= −R1

L1
I1 + u1 ,

dI2

dt
= −R2

L2
I2 + u2 . (5.18)
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5.3.2 Augmented system model

With the added state space description control force and two current variables, the

system model from Equation (3.4) can now be augmented as:



ẋ1 = x2

ẋ2 = − (θ21 + θ23)x1 − (θ22 + θ24)x2 + θ21x3 + θ22x4

+ µ0AgN
2

4Mh

·
(
− I2

1
g2

1 (x1, x3) + I2
2

g2
2 (x1, x3)

)

ẋ3 = x4

ẋ4 = rθ21x1 + rθ22x2 − (rθ21 + θ41)x3 − (rθ22 + θ42)x4

+ µ0AgN
2

4Ms

·
(

I2
1

g2
1 (x1, x3) −

I2
2

g2
2 (x1, x3)

)
+ Fp
Ms

İ1 = −R1
L1
· I1 + u1

İ2 = −R2
L2
· I2 + u2

y = [x1 x2]T .

(5.19)

All constants are the same as those defined in previous chapters:

θ21 = Kt

Mh

, θ22 = Ct
Mh

, θ23 = Kh

Mh

, θ24 = Ch
Mh

, θ41 = Ku

Ms

, θ42 = Cu
Ms

, r = Mh

Ms

.

The air gap functions g1 and g2 defined in Chapter 4 can be expressed as follows,

using state variables, where g0 is the initial air gap of AMA1 and Tgap is the total

air gap from AMA1 and AMA2:


g1 (x1, x3) = g0 − x1 + x3

g2 (x1, x3) = Tgap − g0 + x1 − x3 .

In addition, the following new constants and initial air gaps g01 and g02 for AMA1

and AMA2 are defined, respectively:
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θ25 = µ0AgN
2

4Mh

, θ51 = −R1

L1
, θ61 = −R2

L2

g01 = g0, g02 = Tgap − g0 .

To consistently describe the system model, it is also necessary to define the following

space variables to replace the two current variables:


x5 = I1

x6 = I2 .

(5.20)

The augmented nonlinear propeller-shafting model can now be written as:



ẋ1 = x2

ẋ2 = − (θ21 + θ23)x1 − (θ22 + θ24)x2 + θ21x3 + θ22x4

− θ25
x2

5

(g01 − x1 + x3)2 + θ25
x2

6

(g02 + x1 − x3)2

ẋ3 = x4

ẋ4 = rθ21x1 + rθ22x2 − (rθ21 + θ41)x3 − (rθ22 + θ42)x4

+ rθ25
x2

5

(g01 − x1 + x3)2 − rθ25
x2

6

(g02 + x1 − x3)2 + Fp
Ms

ẋ5 = θ51x5 + u1

ẋ6 = θ61x6 + u2

y = [x1 x2]T .

(5.21)

where the state variable is x = [x1 x2 x3 x4 x5 x6]T and the output of the system

is y. With this nonlinear model, the purpose of the control task is to find control

voltage u1 and u2 to regulate the output y to zero, while stabilising the remaining

states of shafting response (x3, x4).
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5.4 Nonlinear Controller Design for Certainty

Equivalent Propeller-shafting System

System uncertainties and unknown disturbance are discussed in the next chapter,

where adaptive controllers are proposed. This chapter focuses on backstepping non-

linear controller design with the propeller-shafting system regarded as a certainty

equivalent system. The proposed control scheme forms the basis for more com-

plicated adaptive structures presented in the next chapter, which are capable of

managing the unknowns and uncertainties. To make the presentation simple and

clear, the following sections only summarise the results from the main steps of the

controller design. Most mathematical operations are omitted in this thesis; however,

they are available on request.

5.4.1 Backstepping design of the nonlinear controller

With the nonlinear model given in Equation (5.21), the design starts on the first

integrator. A set of variables z will be used as the error variables at each step.

Backstepping methods transform the original output of the state variables into the

output of the z variables and the transformations have stable zero dynamics:

Step 1

z1 = x1 (5.22)

z2 = x2 − α1 , (5.23)

α1 is the virtual control chosen to stabilise the first integrator.

To stabilise the first output z1, a Lyapunov function is employed as:

V1 = 1
2z

2
1 . (5.24)

135



5.4. NONLINEAR CONTROLLER: CERTAINTY EQUIVALENT

Choosing a positive constant k1, the virtual control can be designed as:

α1 = −k1z1 , (5.25)

then the derivative of the Lyaponov function and that of the first error variable are:

V̇1 = −k1z
2
1 + z1z2 , (5.26)

ż1 = −k1z1 + z2 . (5.27)

Step 2

Now, to regulate the error variable z2 = x2−α1, the Lyapunov function needs to be

augmented to include z2:

V2 = V1 + 1
2z

2
2

= 1
2z

2
1 + 1

2z
2
2 . (5.28)

Differentiating both sides of V2 yields:

V̇2 =z1ż1 + z2ż2

=− k1z
2
1 + z2

{[
− (θ21 + θ23)x1 − (θ22 + θ24)x2 + θ21x3 + θ22x4

− θ25
x2

5
(g01 + x3 − x1)2 + θ25

x2
6

(g02 + x1 − x3)2

]
+ x1 + k1x2

}
. (5.29)

In the same way that virtual control is defined in the previous step, two virtual

currents that correspond to I1 and I2 are defined as:


α21 : virtual control current of AMA1

α22 : virtual control current of AMA2 .
(5.30)

At this step, instead of using virtual current to generate control force, the whole of
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the following is used as the virtual control input and denoted as Fα:

Fα = −θ25
α2

21
(g01 + x3 − x1)2 + θ25

α2
22

(g02 + x1 − x3)2 . (5.31)

Then the derivative of the Lyapunov function V2 of Equation (5.29) becomes:

V̇2 =− k1z
2
1 + z2

{[
− (θ21 + θ23)x1 − (θ22 + θ24)x2 + θ21x3 + θ22x4

− θ25
(x2

5 − α2
21)

(g01 + x3 − x1)2 + θ25
(x2

6 − α2
22)

(g02 + x1 − x3)2

]
+ x1 + k1x2 + Fα

}
. (5.32)

Using k2 as another design constant, one relatively straightforward choice of virtual

control is:

Fα = (θ21 + θ23)x1 + (θ22 + θ24)x2 − θ21x3 − θ22x4 − x1 − k1x2 − k2z2 , (5.33)

which renders the derivative of the Lyapunov function V2 as:

V̇2 = −k1z
2
1 − k2z

2
2 + z2

[
θ25

−(x2
5 − α2

21)
(g01 + x3 − x1)2 + θ25

(x2
6 − α2

22)
(g02 + x1 − x3)2

]
, (5.34)

and the derivative of error function z2 as:

ż2 = −z1 − k2z2 + θ25

[
−(x2

5 − α2
21)

(g01 + x3 − x1)2 + (x2
6 − α2

22)
(g02 + x1 − x3)2

]
. (5.35)

It is clear that, unless the error/discrepancy between the required current (x5(I1), x6(I2))

and the virtual current(α21, α22) is eliminated, z2 is not guaranteed to converge to

zero and V̇2 is not guaranteed to be a non-positive function.

Step 3

Now the next two error functions are defined:

z3 = x5 − α21, z4 = x6 − α22 , (5.36)
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and the augmented Lypunov function V3 is defined as:

V3 = V2 + 1
2z

2
3 + 1

2z
2
4 . (5.37)

To take the derivatives of V3, z3 and z4 with respect to time, the explicit expression

of the two virtual controls α21 and α22 needs to be obtained as the function of the

state variables.

The force distribution function proposed in Chapter 4 is applied to the virtual

control force Fα. The two virtual forces generated by the two virtual currents α21

and α22 can be expressed as:


Fα21 = 1

2

(
Fα −

√
F 2
α + γ2

0

)
Fα22 = 1

2

(
Fα +

√
F 2
α + γ2

0

)
,

(5.38)

where γ0 is a design constant, as defined in Chapter 4. Combined with the force-

current model, the above expressions yield the two virtual currents as:


α21 = 1√

2θ25
(g01 + x3 − x1)

√√
F 2
α + γ2

0 − Fα

α22 = 1√
2θ25

(g02 + x1 − x3)
√√

F 2
α + γ2

0 + Fα .

(5.39)

noting that both virtual currents are differentiable.

From Equation (5.33)

Fα = Fα(x1, x2, x3, x4) (5.40)

the virtual control force Fα is the function of the state variables x1 ∼ x4, then the

derivatives of α21 and α2 can be expressed in the following form:


α̇21 = ∂α21

∂x1
ẋ1 + ∂α21

∂x2
ẋ2 + ∂α21

∂x3
ẋ3 + ∂α21

∂x4
ẋ4

α̇22 = ∂α22

∂x1
ẋ1 + ∂α22

∂x2
ẋ2 + ∂α22

∂x3
ẋ3 + ∂α22

∂x4
ẋ4 .

(5.41)

138



CHAPTER 5: CONTROLLER DESIGN—CERTAINTY EQUIVALENT

The Lyapunov function in Equation (5.37) can now be differentiated and rearranged

as follows:

V̇3 =z1ż1 + z2ż2 + z3ż3 + z4ż4

=− k1z
2
1 − k2z

2
2 + z3

{
u1 + θ51x5 −

∂α21

∂x1
ẋ1 −

∂α21

∂x2
ẋ2 −

∂α21

∂x3
ẋ3

− ∂α21

∂x4
ẋ4 − θ25

z2(z3 + 2α21)
(g01 + x3 − x1)2

}
+ z4

{
u2 + θ61x6 −

∂α22

∂x1
ẋ1

− ∂α22

∂x2
ẋ2 −

∂α22

∂x3
ẋ3 −

∂α22

∂x4
ẋ4 + θ25

z2(z4 + 2α22)
(g02 + x1 − x3)2

}
. (5.42)

Here, the control inputs u1 and u2 appear explicitly in the above equation. To

regulate V̇3 non-positive, the choice of control laws is as follows:

u1 =− k3z3 − θ51x5 + ∂α21

∂x1
ẋ1 + ∂α21

∂x2
ẋ2

+ ∂α21

∂x3
ẋ3 + ∂α21

∂x4
ẋ4 + θ25

z2(z3 + 2α21)
(g01 + x3 − x1)2 , (5.43)

u2 =− k4z4 − θ61x6 + ∂α22

∂x1
ẋ1 + ∂α22

∂x2
ẋ2

+ ∂α22

∂x3
ẋ3 + ∂α22

∂x4
ẋ4 − θ25

z2(z4 + 2α22)
(g02 + x1 − x3)2 , (5.44)

where k3 and k4 are design constants. Under the regulation of these control laws,

the derivative of the Lyapunov function V3 is rendered as:

V̇3 = 1
2

[
z1 z2 z3 z4

]


−k1 0 0 0

0 −k2 0 0

0 0 −k3 0

0 0 0 −k4


[
z1 z2 z3 z4

]T
. (5.45)

After substituting all partial derivatives into the equations and after lengthy math-

ematic operations, the final expression of the two control voltages is given as follows:
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u1 =− k3z3 − θ51x5 + θ25
z2(z3 + 2α21)

(g01 − x1 + x3)2 −
x2√
2θ25

√√
F 2
α + γ2

0 − Fα

+ x4√
2θ25

√√
F 2
α + γ2

0 − Fα + g01 − x1 + x3√
2θ25

1

2
√√

F 2
α + γ2

0 − Fα

×

 Fα√
F 2
α + γ2

0

− 1
{(θ21 + θ23 − 1− k1k2)x2

+ (θ22 + θ24 − k1 − k2)
[
− (θ21 + θ23)x1 − (θ22 + θ24)x2

+ θ21x3 + θ22x4 − θ25
x2

5

(g01 − x1 + x3)2 + θ25
x2

6

(g02 + x1 − x3)2

]

− θ21x4 − θ22

[
rθ21x1 + rθ22x2 − (rθ21 + θ41)x3 − (rθ22 + θ42)x4

+ rθ25
x2

5

(g01 − x1 + x3)2 − rθ25
x2

6

(g02 + x1 − x3)2 + Fp
Ms

]
, (5.46)

u2 =− k4z4 − θ61x6 − θ25
z2(z4 + 2α22)

(g02 + x1 − x3)2 + x2√
2θ25

√√
F 2
α + γ2

0 + Fα

− x4√
2θ25

√√
F 2
α + γ2

0 + Fα + g02 + x1 − x3√
2θ25

1

2
√√

F 2
α + γ2

0 + Fα

×

 Fα√
F 2
α + γ2

0

+ 1
{(θ21 + θ23 − 1− k1k2)x2

+ (θ22 + θ24 − k1 − k2)
[
− (θ21 + θ23)x1 − (θ22 + θ24)x2

+ θ21x3 + θ22x4 − θ25
x2

5

(g01 − x1 + x3)2 + θ25
x2

6

(g02 + x1 − x3)2

]

− θ21x4 − θ22

[
rθ21x1 + rθ22x2 − (rθ21 + θ41)x3 − (rθ22 + θ42)x4

+ rθ25
x2

5

(g01 − x1 + x3)2 − rθ25
x2

6

(g02 + x1 − x3)2 + Fp
Ms

]
. (5.47)
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and the resulting closed-loop error system is:



ż1 = −k1z1 + z2

ż2 = −k2z2 − z1 − θ25
z3(z3 + 2α21)

(g01 − x1 + x3)2 + θ25
z4(z4 + 2α22)

(g02 + x1 − x3)2

ż3 = −k3z3 + θ25
z2(z3 + 2α21)

(g01 − x1 + x3)2

ż4 = −k4z4 − θ25
z2(z4 + 2α22)

(g02 + x1 − x3)2 .

(5.48)

The closed-loop errors are guaranteed to converge to zeros under the proposed non-

linear controller.

5.4.2 Simulation results

The nonlinear controller was simulated using Matlab program. The model shown

in Table 3.1 was used as the propeller-shafting system for the simulations. Other

parameters are summarised in Table 5.1.

It should be pointed out that the choice of design constants has a significant

influence on the performance of the controller, and this will be discussed in detail

in the next section. The choice of k1 and k2 in this simulation is one of the optimal

options. Further, since k3 and k4 are design constants that stabilise the control

currents from the two single-sided AMAs, where k3 is for AMA1 and k4 is for AMA2,

it is of interest to set them equal to each other to avoid unnecessary asymmetric

issues.

The main results from the simulations are shown in Figure 5.1 to Figure 5.6.
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Table 5.1: Parameters used for nonlinear controller simulations—certainty equiv-
alent system

Parameters Description Nominal Value
AMA Parameters

N Coil turns 100
Ag Cross-section area of the air gap 0.25 m2

µ0 Permeability in the vacuum 4π×10−7 Tm/A
g01 Initial air gap of AMA1 1× 10−3 m
g02 Initial air gap of AMA2 1× 10−3 m
R1 Resistance of AMA1 coil 1 ohm
R2 Resistance of AMA2 coil 1 ohm
L1 Inductance of AMA1 coil ≈ µ0AgN2

2g01
H

L2 Inductance of AMA2 coil ≈ µ0AgN2

2g02
H

Excitation and Controller Design Constants
Fp Approx. 5% of net thrust 20 sin (2πf) kN

k1 = k2 Design constants 350
k3 = k4 Design constants 200
γ0 Design constant 0.1

Figure 5.1: Propeller-shafting system response before and after control; (x1, x2)–
bearing house response; (x3, x4)–shafting response; control was turned on at 10 s
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Figure 5.2: Closed-loop errors z1− z4 after controls; control was turned on at 10 s

Figure 5.3: Control forces applied on the propeller-shafting system; top plot: com-
bined forces from AMA1 & 2; middle plot: AMA1 force; bottom plot: AMA2 force;
control was turned on at 10 s
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Figure 5.4: Control current carried in each AMA; solid line: control current of
AMA1; dotted line: control current of AMA2; control was turned on at 10 s

Figure 5.5: Control force combination plotted against different choices of γ0; dotted
line: γ0 = 0.1; dash line: γ0 = 1; centre line: γ0 = 0.01
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Figure 5.6: Control voltage input plotted against different choices of γ0; dotted
line: γ0 = 0.1; dash line: γ0 = 1; solid line: γ0 = 0.01

5.4.3 Observations and comments

Observation 5.4.3.A: With the constants k1 ∼ k4, the proposed nonlinear con-

troller rapidly regulated the bearing house response (x1, x2) to zero. The shafting

response (x3, x4) which are the hidden dynamics of the system increases but is bound

and stable.

Observation 5.4.3.B: Under the nonlinear control scheme, the closed-loop errors

of the system rapidly reach zero.

Observation 5.4.3.C: The combined control force switches periodically between

the two forces from the single-sided AMA. Within any half period, only one AMA

is actively providing the control force; the other AMA is idle with an ignorable low

force output. However, this never goes to zero due to the existence of constant γ0.

Observation 5.4.3.D: After a transient period across the first two peaks, the con-

trol currents from the two AMAs are almost the same in amplitude, as the design
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constants k3 and k4 are the same.

Observation 5.4.3.E: The control voltage input u = V/L represents the control

efforts required, which is clearly affected by the force distribution constant γ0. Par-

ticularly, for small γ0 at the force switching point, the input voltage is required to

be very high to handle the fast change of currents.

5.5 Controller Performance Analysis under the

Effect of Design Constants

The performance of the nonlinear controller is strongly affected by the design con-

stants (k1, k2, k3, k4 and γ0). With different constant choices, the controller performs

differently. The transient behaviour and steady-state behaviour of the controller

were closely examined in this thesis to analyse performance. The following perfor-

mance indicators (for definitions refer to [112]) were used during the analysis:

• Transient Settling Time—the amount of time elapsed between when a control

input is applied and when the response remains within a specified error band.

In this thesis, if ten consecutive peaks are within 2% error band of steady state

averaging then the response is considered as settled.

• Transient Overshoot—overshoot is the maximum value the response could

reach in exceeding the steady state target during the transient period.

• Steady State Error—the difference between actual and commanded position

after the controller has finished the transient period corrections.

The controller works towards regulating the bearing house response (x1, x2) to zero

and stabilising the shafting response (x3, x4). The effect of the constant choice on

these two tasks are different and thus presented separately in the following sections.
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5.5.1 Effect of k1 ∼ k4 on regulating the bearing house

response (x1, x2)

The effect of design constants on regulating the bearing house response (x1, x2) is

relatively straightforward. Regardless of whether constants k1 ∼ k4 were 60 or 6,000,

the bearing house response is always able to converge to zero without a substantially

large overshoot. However, the greater the constants are, the faster the convergence

is and the smaller the overshoot is. The trend is similar to a linear time invariant

system. It is worth noting that greater design constants come at the price of greater

control efforts, as well as potential saturation of the actuating system. Figure 5.7

illustrates the effect of constant choices on controller performance in regulating bear-

ing house response.

Figure 5.7: Regulation of the bearing house response with different constants; solid
line:k1 ∼ k4 = 60; dotted line: k1 ∼ k4 = 300; dash line: k1 ∼ k4 = 1000; control
was turned on at 10 s

147



5.5. CONTROLLER PERFORMANCE ANALYSIS

5.5.2 Effect of k1 ∼ k4 on stabilising shafting response (x3, x4)

The shafting response (x3, x4) is the zero dynamics of the system, which is the

equivalent of pole-zero cancellation in a linear plant. The effect of design constants

on stabilising shafting response is more complicated than on the regulating of the

bearing house response. The analysis for two different cases with constant k3 always

equalling k4 is presented below.

Case 1: k1 and k2 are set as the same. In the simulations, the constants vary from

60 to 6,000, that is, k1 = k2 = (60 ∼ 6, 000) and k3 = k4 = (60 ∼ 6, 000).

Case 2: k1 and k2 vary independently from 60 to 6,000 with k3 and k4 fixed, that

is, k1 = (60 ∼ 6, 000) & k2 = (60 ∼ 6, 000) and k3 = k4 = fixed value.

The reason that the values are selected from 60 is that small constants result in

poor transient performance in stabilising the shafting response (x3, x4). Simulations

indicate that when k1 ∼ k4 are smaller than 60, the shafting response experiences a

significantly large overshoot during the transient period, which is above the physical

limit of the AMA air gaps.

Case 1: k1 = k2 = (60 ∼ 6,000) and k3 = k4 = (60 ∼ 6,000)

For this case, the three performance indicators were examined. Figure 5.8 and

Figure 5.9 show the effect on the transient settling time of the controller in stabilising

the shafting response, Figure 5.10 and Figure 5.11 show the effect on transient

overshoot, where the plotted contour is:

Ratio = (Transient overshoot)
(Shafting response before control = 3.19e−5) .

and Figure 5.12 and Figure 5.13 illustrate the effect on steady-state errors of the

shafting response, where the plotted contour is:

Ratio = (Steady state error)
(Shafting response before control = 3.19e−5) .
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Figure 5.8: Contour of the transient settling time of the shafting response with
different constants; k1 = k2 = 60 ∼ 6, 000; k3 = k4 = 60 ∼ 6, 000

Figure 5.9: Comparison of the transient settling time of the shafting response with
different constants; solid line: k1 = k2 = 950, k3 = k4 = 125, settling time = 2.1
s; dotted line: k1 = k2 = 239, k3 = k4 = 239, settling time = 4.75 s; control was
turned on at 10 s
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Figure 5.10: Contour of the transient overshoot of the shafting response with
different constants; k1 = k2 = 60 ∼ 6, 000; k3 = k4 = 60 ∼ 6, 000

Figure 5.11: Comparison of the transient overshoot of the shafting response with
different constants; solid line: k1 = k2 = 500, k3 = k4 = 150, overshoot ratio = 4.18;
dotted line: k1 = k2 = 95, k3 = k4 = 600, overshoot ratio = 9.23; control was on at
10 s
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Figure 5.12: Contour of the steady-state error of the shafting response with differ-
ent constants; k1 = k2 = 60 ∼ 6, 000; k3 = k4 = 60 ∼ 6, 000

Figure 5.13: Comparison of the steady-state error of the shafting response with
different constants; solid line: k1 = k2 = 95, k3 = k4 = 150, steady-state error
presents; dotted line: k1 = k2 = 650, k3 = k4 = 140, steady-state error ignorable;
control was turned on at 10 s
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Case 2: k1 = (60 ∼ 6,000), k2 = (60 ∼ 6,000) and k3 = k4 = 200

Again the three performance indicators were examined. Figure 5.14 to Figure 5.16

give the contour plots of the controller performance in stabilising the shafting re-

sponse. The plotted ratio of transient overshoot and ratio of steady-state error have

the same definition as given in Case 1.

It is interesting to point out that constants k1 and k2 could be swapped without

any obvious effect on controller performance. This observation is illustrated in the

following figures, where symmetric patterns between the x-axis(k2) and y-axis(k1)

are evident.

Figure 5.14: Contour of the transient settling time of the shafting response with
different constants; k1 = 60 ∼ 6, 000; k2 = 60 ∼ 6, 000; k3 = k4 = 200
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Figure 5.15: Contour of the transient overshoot of the shafting response with
different constants; k1 = 60 ∼ 6, 000; k2 = 60 ∼ 6, 000; k3 = k4 = 200

Figure 5.16: Contour of the steady-state error of the shafting response with differ-
ent constants; k1 = 60 ∼ 6, 000; k2 = 60 ∼ 6, 000; k3 = k4 = 200

153



5.5. CONTROLLER PERFORMANCE ANALYSIS

5.5.3 Observations and comments: Effect of k1 ∼ k4

Observation 5.5.3. Case 1. A: At small k1 = k2 = (60 ∼ 150) and small

k3 = k4 = (60 ∼ 95), transient periods are short, where settling times are normally

less than one second. Most choices of constants under Case 1 have a settling time

of between one and approximately eight seconds. Besides, the settling time is less

sensitive to changes at high constant values which is why the contour is relatively

sparse at that area.

Observation 5.5.3. Case 1. B: In the area with k1 = k2 = (60 ∼ 95) and

k3 = k4 = (95 ∼ 950), transient overshoots are large, with peak values of more than

15 times that of the shafting response before control. At the area where k1 = k2 is

high, the overshoot ratio is normally less than 10.

Observation 5.5.3. Case 1. C: Except for a limited area where k1(k2) and k3(k4)

are small, most constant choices result in negligibly small steady-state errors.

Observation 5.5.3. Case 2. A: The length of the transient period increases at

the areas where k1 and k2 are both large. Most choices result in a settling time of

less than three seconds.

Observation 5.5.3. Case 2. B: The overshoot increases when both k1 and k2 take

small values. At the area of (k1 > 950 and k2 > 950), overshoot is not sensitive to

the choice of design constants. There is a narrow strip in the middle range of both

k1 and k2 where the controller has the smallest overshoot.

Observation 5.5.3. Case 2. C: Except for a limited area with small k1 and k2,

most design constants result in small steady-state errors.

Observation 5.5.3. Case 2. D: Swapping the constants k1 and k2 has almost no

effect on controller performance in stabilising the shafting response.
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5.5.4 Effect of γ0 on stabilizing the shafting response

γ0 is a small constant used in the differentiable force distribution function of the

double-sided AMA. It has been seen that this constant clearly affects the control

efforts (control voltage input u) required. Different choices of γ0 also influence

the performance of the controller in stabilising the shafting response, especially on

transient behaviours.

Figure 5.17 to Figure 5.19 show the effect on the transient and steady-state per-

formance with γ0 varying in the range of (0.01 ∼ 1), and with k1 = k2 = 350, k3 =

k4 = 200. The plotted ratio of transient overshoot and ratio of steady-state errors

have the same definition as given in previous section.

Figure 5.17: Effect of γ0 on the transient settling time of the shafting response;
γ0 = (0.01 ∼ 1); k1 = k2 = 350; k3 = k4 = 200
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Figure 5.18: Effect of γ0 on overshoot of the shafting response; γ0 = (0.01 ∼ 1);
k1 = k2 = 350; k3 = k4 = 200

Figure 5.19: Effect of γ0 on steady-state error of the shafting response; γ0 =
(0.01 ∼ 1); k1 = k2 = 350; k3 = k4 = 200
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5.5.5 Observations and comments: Effect of γ0

Observation 5.5.5. A: At small γ0 values, the settling time dips where the system

has the shortest transient period. At high γ0 values, the settling time is within the

range of three to four seconds and is not sensitive to the change of γ0 values.

Observation 5.5.5. B: The overshoot is generally between three to four times

the shafting response before control. There is the lowest point at around γ0 = 0.7.

However, the difference over the whole range of (0.01 ∼ 1) is not significant.

Observation 5.5.5. C: The steady-state errors are small across the whole range

of (0.01 ∼ 1). The effect of γ0 value on steady-state errors can be ignored.

5.6 Conclusions

This chapter summarises the work on backstepping nonlinear controller design and

its performance analysis. The proposed certainty-equivalent controller is capable of

rapidly regulating the bearing house response (x1, x2) and closed-loop errors to zero,

while stabilising the shafting response (x3, x4).

The required control efforts (voltage input u) are clearly under the influence of

the choice of design constant γ0. At the force switching point, in particular, the

input voltage needs to be substantially high at small γ0 to accommodate the fast

change of the required forces. After a short transient period, the two control currents

of the single-sided AMA are almost the same in amplitude.

The performance of the nonlinear controller with different design constants was

discussed in detail. The effect of constant choices on the transient settling time and

transient overshoot of regulating the bearing house response (x1, x2) is relatively

straightforward, where higher values result in better performance. However, the

effect of these constants on the controller’s performance in stabilising the shafting

response (x3, x4) is more complicated. Simulations and contour plots have shown
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that different combinations of constants lead to different controller performance.

The analysis indicates that there exists optimal choices and combinations of design

constants that allow the controller to achieve the best performance.

The AMA force distribution constant γ0 also affects the controller’s performance.

The analysis shows that the transient settling time and overshoot of the controller

in stabilising the shafting response (x3, x4) are influenced by the choice of γ0 , while

the steady-state errors are not sensitive to the variation of γ0.
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Chapter 6

Adaptive Nonlinear Controller for

Tackling System Uncertainties,

Unknown Disturbance and Oil

Film Nonlinearities

6.1 Introduction

A practical propeller-shafting system is typically characterised by system uncertain-

ties, unknown disturbances and oil film nonlinearities. The parameters of the thrust

bearing oil film, bearing foundation and un-modelled dynamics are susceptible to

significant modelling uncertainties, even with todays advanced computing technol-

ogy. The excitation force induced by the propeller is extremely difficult to compute

or measure. In addition, the dynamics of the oil film of the thrust bearing have

strong nonlinear properties, which can be modelled as the function of state vari-

ables. To tackle these issues effectively, more comprehensive adaptive structures are

needed in addition to the nonlinear backstepping controller proposed in the previous

chapter.
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This chapter presents the work on design and analysis of the adaptive nonlin-

ear controller. First, to handle parameter uncertainties, adaptive estimators were

designed and incorporated into the nonlinear controller developed in Chapter 5.

The performances of the over-parametric parameter estimators were analysed and

summarised. The adaptive design was simulated and is presented in Section 6.2.

The chapter then summarises the work on solving the issue of unknown excita-

tion induced by the propeller. A Lyapunov-method based disturbance observer

was proposed and analysed. An analysis was also conducted on an alternative way

of expressing unknown PIV using known state variables. In the fourth section, the

nonlinear dynamics of oil film are investigated with a nonlinear model proposed con-

taining unknown oil film constants that could be handled with adaptive methods.

The oil film nonlinearity was then included in the system model and a new back-

stepping controller was designed and analysed. Finally, a comprehensive controller

that was constructed based on the backstepping controller, adaptive estimator and

disturbance observer is presented. The performance of the comprehensive controller

was simulated and results show that the controller is capable of handling all issues

in combination. Simulation results are presented in the last section of this chapter.

6.2 Estimation of System Uncertainties

As explained in previous chapters, the following parameters used in the modelling of

the propeller-shafting system are typically uncertain, thus, significant inaccuracies

or errors could be present:

• Oil film stiffness Kt and damping Ct

• Bearing foundation stiffness Kh and damping Ch

• Un-modeled system stiffness Ku and damping Cu.
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Correspondingly, in the nonlinear model given in Equation (5.21), the following

parameters are regarded as uncertain parameters that require parameter estimation:

{
θ21, θ22, θ23, θ24, θ41, θ42

}
.

In this thesis, a Lyaponov-method-based estimator was proposed and then incorpo-

rated into the nonlinear controller developed in the previous chapter.

6.2.1 Over-parametric parameter estimator design

The proposed parameter estimator has an over-parametric structure, which means

there are more than one set of estimations for the same set of unknown parameters.

This is because the Lyapunov method is a forward recursive method, where each

design step can guarantee the asymptotic stability of all steps before it, but not

the steps after it. Therefore, a new set of estimations is required for the next step

of the controller design, and the last set will be used as the final estimation of the

unknowns. The following estimations are defined corresponding to the unknowns:

{
θ∗21, θ

∗
22, θ

∗
23, θ

∗
24, θ

∗
41, θ

∗
42

}
.

As this is a Lyapunov-method-based estimation, the error of estimation was

added to the Lyapunov energy function. The Lyapunov function V2 that was defined

at Step 2 of the nonlinear controller design in Chapter 5 is augmented:

V2 = 1
2z

2
1 + 1

2z
2
2 + 1

2γ1
(θ21 − θ∗21)2 + 1

2γ2
(θ22 − θ∗22)2

+ 1
2γ3

(θ23 − θ∗23)2 + 1
2γ4

(θ24 − θ∗24)2 , (6.1)

where γ1 ∼ γ4 are the design constants of the adaptive estimation, whose values

determine the speed of the adaptation.

161



6.2. ESTIMATION OF SYSTEM UNCERTAINTIES

Both sides of the augmented V2 are differentiated and rearranged to obtain:

V̇2 =− k1z
2
1 + z2

{[
− (θ21 + θ23)x1 − (θ22 + θ24)x2 + θ21x3 + θ22x4

− θ25
x2

5
(g01 + x3 − x1)2 + θ25

x2
6

(g02 + x1 − x3)2

]
+ x1 + k1x2

}

− 1
γ1

(θ21 − θ∗21) θ̇∗21 −
1
γ2

(θ22 − θ∗22) θ̇∗22

− 1
γ3

(θ23 − θ∗23) θ̇∗23 −
1
γ4

(θ24 − θ∗24) θ̇∗24 . (6.2)

It should be pointed out that the unknowns θ21 ∼ θ24 are constant, while parameter

estimation of θ∗21 ∼ θ∗24 is an adaptive process based on state variables and, therefore,

all estimations are time dependent and their time-derivatives exist.

Again at Step 2 of the controller design, the same form of the virtual control

force Fα is employed. However, the previously used parameters θ21 ∼ θ24 are un-

known and need to be replaced with estimations θ∗21 ∼ θ∗24. The force then becomes

the following form, where k1 and k2 are design constants, as defined in Chapter 5:

Fα = (θ∗21 + θ∗23)x1 + (θ∗22 + θ∗24)x2 − θ∗21x3 − θ∗22x4 − x1 − k1x2 − k2z2 (6.3)

which renders the derivative of Lyapunov function V2 as:

V̇2 =− k1z
2
1 − k2z

2
2

+ (θ21 − θ∗21) ·
(
−x1z2 + x3z2 −

1
γ1
θ̇∗21

)

+ (θ22 − θ∗22) ·
(
−x2z2 + x4z2 −

1
γ2
θ̇∗22

)

+ (θ23 − θ∗23) ·
(
−x1z2 −

1
γ3
θ̇∗23

)

+ (θ24 − θ∗24) ·
(
−x2z2 −

1
γ4
θ̇∗24

)

+ z2

[
θ25

−(x2
5 − α2

21)
(g01 + x3 − x1)2 + θ25

(x2
6 − α2

22)
(g02 + x1 − x3)2

]
. (6.4)
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The derivative of Lyapunov function V2 needs to be regulated as non-positive

to asymptotically stabilise the system. The sign of the errors (θ2i − θ∗2i)i=1∼4 could

be either positive or negative. To ensure the newly added estimation errors do not

alter the sign of V̇2, the straightforward choice is to set the bracketed terms that are

multiplied by the error term to zero, that is:

(
−x1z2 + x3z2 −

1
γ1
θ̇∗21

)
= 0 ,(

−x2z2 + x4z2 −
1
γ2
θ̇∗22

)
= 0 ,(

−x1z2 −
1
γ3
θ̇∗23

)
= 0 ,(

−x2z2 −
1
γ4
θ̇∗24

)
= 0 .

which yields the adaptive law for each of the unknown parameters:

θ̇∗21 =− γ1 (x1z2 − x3z2) ,

θ̇∗22 =− γ2 (x2z2 − x4z2) ,

θ̇∗23 =− γ3x1z2 ,

θ̇∗24 =− γ4x2z2 . (6.5)

Given initial values (or so called ‘initial guesses’), the above adaptive laws are able

to update the estimated parameter values continuously until the controller achieves

its goals. In other words, for any discrepancy between the modelled value (which

can be used as the initial guess value) and the actual parameter, the adaptive laws

keep updating the estimation and minimising the effect of the error on the controller,

until the control tasks are accomplished.

The adaptive laws reduce the derivative of Lyapunov function V2 as:

V̇2 = −k1z
2
1 − k2z

2
2 + z2

[
θ25

−(x2
5 − α2

21)
(g01 + x3 − x1)2 + θ25

(x2
6 − α2

22)
(g02 + x1 − x3)2

]
(6.6)
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and the derivative of error function z2 as:

ż2 = −z1 − k2z2 + θ25

[
−(x2

5 − α2
21)

(g01 + x3 − x1)2 + (x2
6 − α2

22)
(g02 + x1 − x3)2

]
. (6.7)

Now the virtual currents α in Step 3 of the nonlinear controller design in Chapter

5 are also the function of the estimations θ∗. The derivative of α becomes more

complicated, like the following, since the estimations are now differentiable variables

instead of constants now.



α̇21 = ∂α21

∂x1
ẋ1 + ∂α21

∂x2
ẋ2 + ∂α21

∂x3
ẋ3 + ∂α21

∂x4
ẋ4

+ ∂α21

∂θ∗21
θ̇∗21 + ∂α21

∂θ∗22
θ̇∗22 + ∂α21

∂θ∗23
θ̇∗23 + ∂α21

∂θ∗24
θ̇∗24

α̇22 = ∂α22

∂x1
ẋ1 + ∂α22

∂x2
ẋ2 + ∂α22

∂x3
ẋ3 + ∂α22

∂x4
ẋ4

+ ∂α22

∂θ∗21
θ̇∗21 + ∂α22

∂θ∗22
θ̇∗22 + ∂α22

∂θ∗23
θ̇∗23 + ∂α22

∂θ∗24
θ̇∗24 .

(6.8)

When α̇21 is taken as an example, tedious mathematical operations yield the follow-

ing expression:

α̇21 =
[
− φ1(•) + ξ1(•)f1(•)

]
x2 +

[
ξ1(•)f2(•)

][
− (θ21 + θ23)x1

− (θ22 + θ24)x2 + θ21x3 + θ22x4 − θ25
x2

5
(g01 + x3 − x1)2

+ θ25
x2

6
(g02 + x1 − x3)2

]
+
[
φ1(•)− ξ1(•)θ̇∗21

]
x4

− ξ1(•)θ̇∗22

[
rθ21x1 + rθ22x2 − (rθ21 + θ41)x3 − (rθ22 + θ42)x4

+ rθ25
x2

5

(g01 − x1 + x3)2 − rθ25
x2

6

(g02 + x1 − x3)2 + Fp
Ms

]
− ξ1(•)

[
γ1z2(x3 − x1)2 + γ2z2(x4 − x2)2 + γ3z2x

2
1 + γ4z2x

2
2

]
. (6.9)
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In the above expression, the functions are defined as follows:

φ1(•) = 1√
2θ25

(√√
F 2
α + γ2

0 − Fα
)
,

φ2(•) = 1√
2θ25

(√√
F 2
α + γ2

0 + Fα

)
,

f1(•) = θ∗21 + θ∗23 − 1− k1k2 ,

f2(•) = θ∗22 + θ∗24 − k1 − k2 ,

ξ1(•) = g01 + x3 − x1√
2θ25

1

2
√√

F 2
α + γ2

0 − Fα

 Fα√
F 2
α + γ2

0

− 1
 ,

ξ2(•) = g02 + x1 − x3√
2θ25

1

2
√√

F 2
α + γ2

0 + Fα

 Fα√
F 2
α + γ2

0

+ 1
 .

To proceed towards Step 3, a new set of estimations need to be defined to replace

the unknown θ21 ∼ θ41. The estimations in Step 2 were driven by regulating the

derivative of Lyapunov function V2 as non-positive and, therefore, asymptotically

stabilize Step 1 and Step 2. θ∗21 ∼ θ∗41 cannot be used as approximations to substitute

the unknowns in Step 3 to regulate Lyaponov function V3.

For step 3, the following new estimation variables are defined:

{
θ̂21, θ̂22, θ̂23, θ̂24, θ̂41, θ̂42

}
.

The Lyapunov function V3 is augmented as:

V3 =1
2z

2
1 + 1

2z
2
2 + 1

2z
2
3 + 1

2z
2
4

+ 1
2γ1

(θ21 − θ∗21)2 + 1
2γ2

(θ22 − θ∗22)2

+ 1
2γ3

(θ23 − θ∗23)2 + 1
2γ4

(θ24 − θ∗24)2

+ 1
2β1

(
θ21 − θ̂21

)2
+ 1

2β2

(
θ22 − θ̂22

)2
+ 1

2β3

(
θ23 − θ̂23

)2

+ 1
2β4

(
θ24 − θ̂24

)2
+ 1

2β5

(
θ41 − θ̂41

)2
+ 1

2β6

(
θ42 − θ̂42

)2
, (6.10)
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where β1 ∼ β6 are the design constants of the adaptive estimation, whose values

determine the speed of the adaptation.

Again, after a series of mathematical operations towards regulating the derivative

of V3 to be non-positive, the control input can be obtained and have the following

forms: 
u1 = −k3z3 − θ51x5 + θ25

z2(z3 + 2α21)
(g01 + x3 − x1)2 + α̇21

u2 = −k4z4 − θ61x6 − θ25
z2(z4 + 2α22)

(g02 + x1 − x3)2 + α̇22 .

(6.11)

In each of the above expressions, α̇21 and α̇22 are not available, as all the constants

θ used in the expression are unknown. Therefore, it is necessary to use ˆ̇α21 and ˆ̇α22

as the replacement with all the unknowns being substituted by their corresponding

estimations θ̂.

Only u1 is given in detail as follows because of the lengthy expression of the

rearranged control input, while u2 holds a similar form:

u1 =− k3z3 − θ51x5 + θ25
z2(z3 + 2α21)

(g01 + x3 − x1)2

+
[
− φ1(•) + ξ1(•)f1(•)

]
x2 +

[
ξ1(•)f2(•)

][
− (θ̂21 + θ̂23)x1

− (θ̂22 + θ̂24)x2 + θ̂21x3 + θ̂22x4 − θ25
x2

5
(g01 + x3 − x1)2

+ θ25
x2

6
(g02 + x1 − x3)2

]
+
[
φ1(•)− ξ1(•)θ̇∗21

]
x4

− ξ1(•)θ̇∗22

[
rθ̂21x1 + rθ̂22x2 −

(
rθ̂21 + θ̂41

)
x3 −

(
rθ̂22 + θ̂42

)
x4

+ rθ25
x2

5

(g01 − x1 + x3)2 − rθ25
x2

6

(g02 + x1 − x3)2 + Fp
Ms

]
− ξ1(•)

[
γ1z2(x3 − x1)2 + γ2z2(x4 − x2)2 + γ3z2x

2
1 + γ4z2x

2
2

]
. (6.12)

In the above and the following two equations, the sub-functions φ1, φ2, ξ1, ξ2, f1, andf2

are the same as that defined previously in Equation (6.9).
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The derivative of Lyapunov function V3 is rendered by u1 and u2 as:

V̇3 =− k1z
2
1 − k2z

2
2 − k3z

2
3 − k4z

4
4

+ (θ21 − θ̂21)
{
−

˙̂
θ21

β1
− z3

[
ξ1(•)f2(•) + rξ1(•)θ∗22

]
(x3 − x1)

− z4
[
ξ2(•)f2(•) + rξ2(•)θ∗22

]
(x3 − x1)

}

+ (θ22 − θ̂22)
{
−

˙̂
θ22

β2
− z3

[
ξ1(•)f2(•) + rξ1(•)θ∗22

]
(x4 − x2)

− z4
[
ξ2(•)f2(•) + rξ2(•)θ∗22

]
(x4 − x2)

}

+ (θ23 − θ̂23)
{
−

˙̂
θ23

β3
+ z3

[
ξ1(•)f2(•)

]
x1 + z4

[
ξ2(•)f2(•)

]
x1

}

+ (θ24 − θ̂24)
{
−

˙̂
θ24

β4
+ z3

[
ξ1(•)f2(•)

]
x2 + z4

[
ξ2(•)f2(•)

]
x2

}

+ (θ41 − θ̂41)
{
−

˙̂
θ41

β5
− z3

[
ξ1(•)θ∗22

]
x3 − z4

[
ξ2(•)θ∗22

]
x3

}

+ (θ42 − θ̂42)
{
−

˙̂
θ42

β6
− z3

[
ξ1(•)θ∗22

]
x4 − z4

[
ξ2(•)θ∗22

]
x4

}
. (6.13)

In the above expression, the sign of the errors
(
θ2i/4j − θ̂2i/4j

)
i=1∼4,j=1∼2

is not clear.

To guarantee V̇3 as non-positive, all bracket terms that time the error terms need

to be zero, which gives the adaptive laws for the estimation of θ̂:

˙̂
θ21 =− β1

{
z3
[
ξ1(•)f2(•) + rξ1(•)θ∗22

]
+ z4

[
ξ2(•)f2(•) + rξ2(•)θ∗22

]}
(x3 − x1) ,

˙̂
θ22 =− β2

{
z3
[
ξ1(•)f2(•) + rξ1(•)θ∗22

]
+ z4

[
ξ2(•)f2(•) + rξ2(•)θ∗22

]}
(x4 − x2) ,

˙̂
θ23 = + β3

{
z3ξ1(•) + z4ξ2(•)

}
f2(•)x1 ,

˙̂
θ24 = + β4

{
z3ξ1(•) + z4ξ2(•)

}
f2(•)x2 ,

˙̂
θ41 =− β5

{
z3ξ1(•) + z4ξ2(•)

}
θ∗22x3 ,

˙̂
θ42 =− β6

{
z3ξ1(•) + z4ξ2(•)

}
θ∗22x4 . (6.14)
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6.2.2 Simulation results

The adaptive over-parametric estimator combined with the nonlinear backstepping

controller was simulated. In the simulation, the same model of the propeller-shafting

system given in Table 3.1 was used. The initial guess of the unknown parameters was

set at 10 per cent to 50 per cent of the nominal values that are listed in Table 3.1.

The constants k1 and k2 were deliberately chosen with higher values to improve the

speed of convergence of the controller. The constants for the adaptive estimators

were listed together with the initial guess of unknowns in Table 6.1.

With the inclusion of the extra dynamics introduced by the parameter estimator,

the nonlinear controller’s performance is different from the certainty-equivalent case.

System response and closed-loop errors are given in Figure 6.1 to Figure 6.2. The

control current required to deal with the estimator is shown in Figure 6.3. The

performances of the estimators are given in Figure 6.4 to Figure 6.6.

Figure 6.1: Propeller-shafting system response before and after control with param-
eter estimator; (x1, x2)–bearing house response; (x3, x4)–shafting response; control
was turned on at 10 s
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Table 6.1: Design constants and initial guess of unknowns, used for simulations
with parameter estimator added to nonlinear controller

Parameters Description Nominal
Value

Design constants
k1 = k2 Nonlinear controller design constants 800
k3 = k4 Nonlinear controller constants 200
γ0 Force distribution constant 0.1
γ1 Adaptive constant of 1st estimation 1e8
γ2 Adaptive constant of 1st estimation 1e6
γ3 Adaptive constant of 1st estimation 1e5
γ4 Adaptive constant of 1st estimation 1e5
β1 Adaptive constant of 2nd estimation 1e7
β2 Adaptive constant of 2nd estimation 1e5
β3 Adaptive constant of 2nd estimation 1e5
β4 Adaptive constant of 2nd estimation 1e5
β5 Adaptive constant of 2nd estimation 1e5
β6 Adaptive constant of 2nd estimation 1e5

Initial guess of unknowns, 1st estimation
θ∗21 Initial guess of θ21 of 1st estimation 1e4
θ∗22 Initial guess of θ22 of 1st estimation 1e1
θ∗23 Initial guess of θ23 of 1st estimation 5e5
θ∗24 Initial guess of θ24 of 1st estimation 5e1

Initial guess of unknowns, 2nd estimation
θ̂21 Initial guess of θ21 of 2nd estimation 1e4
θ̂22 Initial guess of θ22 of 2nd estimation 1e1
θ̂23 Initial guess of θ23 of 2nd estimation 5e5
θ̂24 Initial guess of θ24 of 2nd estimation 5e1
θ̂41 Initial guess of θ41 of 2nd estimation 25
θ̂42 Initial guess of θ42 of 2nd estimation 25
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Figure 6.2: Close-loop errors z1−z4 after control with parameter estimator; control
was turned on at 10 s

Figure 6.3: Control current carried in each AMA with parameter estimator; solid
line: control current of AMA1; dotted line: control current of AMA2; control was
turned on at 10 s

170



CHAPTER 6: CONTROLLER DESIGN—UNCERTAIN SYSTEM

Figure 6.4: Performance of parameter adaptive laws of 1st estimation θ∗21 ∼ θ∗24;
solid line: estimated values; dotted line: nominal true values; θ∗23, θ

∗
24 did not con-

verge to true values; control was turned on at 10 s

Figure 6.5: Performance of parameter adaptive laws of 2nd estimation θ̂21 ∼ θ̂24;
solid line: estimated values; dotted line: nominal true values; θ̂23, θ̂24 did not con-
verge to true values; control was turned on at 10 s
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Figure 6.6: Performance of parameter adaptive laws of 2nd estimation θ̂41 ∼ θ̂42;
solid line: estimated values; dotted line: nominal true values; both estimations did
not converge to true values; control was turned on at 10 s

6.2.3 Observations and comments

Observation 6.2.3.A: This Lyapunov-method-based estimator is an over-parametric

structure, where two different sets of adaptive laws exist for the same set of unknown

parameters.

Observation 6.2.3.B: The period of transient response of the nonlinear controller

becomes longer than the certainty-equivalent case because of the process of the

parameter adaptation.

Observation 6.2.3.C: The two sets of adaptive laws work together with the control

laws. This combination successfully regulated the thrust bearing house response to

zero with the shafting response stabilised.
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Observation 6.2.3.D: Only θ21 and θ22 converge to the true values. This is because

the structure of the control input can only provide a so-called ‘Persistent Excitation

(PE)’ [75] condition to the oil film stiffness θ21 and damping θ22. Consequentially the

design constants γ1, γ2, β1 and β2 have the greatest effect on the speed of convergence

of the adaptation process because of the structure of the control input, which is why

their values were deliberately set higher than others during the process of simulation.

All the other unknowns did not coverage to their true values; however, each

unknown does converge to a constant that is different from the true value. The

discrepancy between the true values and the estimations did not affect the controller

in achieving the control goals.

6.3 Observation of Unknown Disturbance

The disturbance of the propeller-induced excitation has a strong tonal component

at the blades passing frequency. The magnitude of the excitation is difficult to

compute theoretically or measure experimentally. However, the tonal excitation can

be modelled as:

Fp = Cnrf(nr) sin
(2πnrNb

60 t+ ϕ0

)
(6.15)

where Nb is the number of propeller blades, nr is the revolution of the shafting in

rpm, ϕ0 is the initial phase angle of the excitation and f(nr) is a function with nr

as the variable.

A strong tonal condition means the shafting revolution and phase information are

not difficult to obtain experimentally. When the propulsion system is under steady-

state operation, the shaft speed nr can be regarded as a constant under each opera-

tion; consequently, the amplitude of the propeller excitation will be a constant with

the unknown amplitude of Cnrf(nr). In such a situation, the Lyapunov-method-

based disturbance observer can be developed to estimate the term of Cnrf(nr).
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6.3.1 Design of disturbance observer

In the previous section, parameter estimators were developed to handle system un-

certainties. The nonlinear backstepping controller combined with the estimators

proved to be successful in regulating the bearing house response and stabilising the

shafting response. In this section, a disturbance observer is presented and added to

the combined backstepping controller.

An estimation of the disturbance amplitude is defined as F ∗p . Using constant

ζ1, an extra term could be added to Lyapunov function V3 (defined in the previous

section in Equation (6.10)) to give a new function of:

W3 = V3 + 1
2ζ1

(Fp − F ∗p )2 . (6.16)

Following the same design procedure of Step 3 presented in Chapter 5 to regulate

the derivative of W3, and after lengthy mathematical operations, the control input

is given in the following (only u1 is given for conciseness of the presentation; u2 has

a similar structure):

u1 =− k3z3 − θ51x5 + θ25
z2(z3 + 2α21)

(g01 + x3 − x1)2

+
[
− φ1(•) + ξ1(•)f1(•)

]
x2 +

[
ξ1(•)f2(•)

][
− (θ̂21 + θ̂23)x1

− (θ̂22 + θ̂24)x2 + θ̂21x3 + θ̂22x4 − θ25
x2

5
(g01 + x3 − x1)2

+ θ25
x2

6
(g02 + x1 − x3)2

]
+
[
φ1(•)− ξ1(•)θ̇∗21

]
x4

− ξ1(•)θ̇∗22

[
rθ̂21x1 + rθ̂22x2 −

(
rθ̂21 + θ̂41

)
x3 −

(
rθ̂22 + θ̂42

)
x4

+ rθ25
x2

5

(g01 − x1 + x3)2 − rθ25
x2

6

(g02 + x1 − x3)2 +
F ∗p
Ms

sin (•)
]

− ξ1(•)
[
γ1z2(x3 − x1)2 + γ2z2(x4 − x2)2 + γ3z2x

2
1 + γ4z2x

2
2

]
. (6.17)
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Under the above control input u, the derivative of the augmented Lyapunov

function W3 is:

Ẇ3 =− k1z
2
1 − k2z

2
2 − k3z

2
3 − k4z

4
4

+ (θ21 − θ̂21)
{
−

˙̂
θ21

β1
− z3

[
ξ1(•)f2(•) + rξ1(•)θ∗22

]
(x3 − x1)

− z4
[
ξ2(•)f2(•) + rξ2(•)θ∗22

]
(x3 − x1)

}

+ (θ22 − θ̂22)
{
−

˙̂
θ22

β2
− z3

[
ξ1(•)f2(•) + rξ1(•)θ∗22

]
(x4 − x2)

− z4
[
ξ2(•)f2(•) + rξ2(•)θ∗22

]
(x4 − x2)

}

+ (θ23 − θ̂23)
{
−

˙̂
θ23

β3
+ z3

[
ξ1(•)f2(•)

]
x1 + z4

[
ξ2(•)f2(•)

]
x1

}

+ (θ24 − θ̂24)
{
−

˙̂
θ24

β4
+ z3

[
ξ1(•)f2(•)

]
x2 + z4

[
ξ2(•)f2(•)

]
x2

}

+ (θ41 − θ̂41)
{
−

˙̂
θ41

β5
− z3

[
ξ1(•)θ∗22

]
x3 − z4

[
ξ2(•)θ∗22

]
x3

}

+ (θ42 − θ̂42)
{
−

˙̂
θ42

β6
− z3

[
ξ1(•)θ∗22

]
x4 − z4

[
ξ2(•)θ∗22

]
x4

}

+ (Fp − F ∗p )
{
−
Ḟ ∗p
ζ1

+ z3[ξ1(•)θ∗22]
Ms

− z4[ξ2(•)θ∗22]
Ms

}
sin (2πft+ ϕ0) . (6.18)

Sub-functions φ1, φ2, ξ1, ξ2, f1andf2 are defined previously in Equation (6.9). To en-

sure Ẇ3 is a non-positive function, all bracket terms
{
•
}
need to be equal to zero.

Therefore, the update law for the disturbance amplitude is obtained from the last

term as:

Ḟ ∗p = ζ1

{
z3[ξ1(•)θ∗22]

Ms

− z4[ξ2(•)θ∗22]
Ms

}
. (6.19)
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6.3.2 Simulation results

The same model of the propeller-shafting system shown in Table 3.1 was used to

simulate the effect of the disturbance observer. The initial guess of the propeller

excitation was of an amplitude of 1e4 N. The design constant ζ1 was set as 1e5.

Figure 6.7 and Figure 6.8 give the system response and the closed-loop errors of

the nonlinear control with the added disturbance observer. The performance of the

adaptive observation law is given in Figure 6.9.

6.3.3 Observations and comments

Observation 6.3.3.A: With the disturbance observer, the nonlinear controller is

capable of regulating the thrust bearing response to zero.

Observation 6.3.3.B: The disturbance estimation converges to a constant different

from the true value of the propeller disturbance. The discrepancy between estimated

value and true value did not affect the controller in achieving its control goals.

Figure 6.7: Propeller-shafting system response before and after control with param-
eter estimator and disturbance observer; (x1, x2)–bearing house response; (x3, x4)–
shafting response; control was turned on at 10 s
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Figure 6.8: Close-loop errors z1 − z4 after control with parameter estimator and
disturbance observer; control was turned on at 10 s

Figure 6.9: Performance of disturbance adaptive law Ḟ ∗p ; solid line: estimated
value; dotted line: nominal true value; F ∗p did not converge to true value; control
was turned on at 10 s
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6.3.4 Alternative observation of propeller induced distur-

bance by using state variables

Backstepping control is essentially a type of (nonlinear) feedback control, where the

unknown disturbances are normally observable through the state variables. In this

case, all the states can be measured and used to observe the PIV disturbance.

In the state space description of Equation (5.21), the second equation is mul-

tiplied with the coefficient r on both sides and added to the fourth equation to

obtain:

Fp = Ms(rẋ2 + ẋ4 + rθ23x1 + rθ24x2 + θ41x3 + θ42x4) . (6.20)

As PIV has a strong tonal component, with the expression given in Equation (6.15),

it can be seen that: 
ẋ2 = ẍ1 = −

(2πnrNb

60

)2
x1

ẋ4 = ẍ3 = −
(2πnrNb

60

)2
x3

(6.21)

where the shafting speed nr is easily available using a tachometer.

The above expression is substituted into Equation (6.20) to yield:

Fp =Ms

{[
rθ23 −

(2πnrNb

60

)2 ]
+ rθ24x2

+
[
θ41 −

(2πnrNb

60

)2 ]
+ θ42x4

}
. (6.22)

This expression clearly indicates the dependency of the unknown propeller distur-

bance on the measurable state variables. Depending on which step of the control

design for which the expression of Fp is required, the four unknown parameters

(θ23, θ24, θ41, θ42 ) in the above equation can be replaced by the corresponding esti-

mations (θ∗23, θ
∗
24, θ

∗
41, θ

∗
42 ) or (θ̂23, θ̂24, θ̂41, θ̂42) that are available from the adaptive

estimators.
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6.4 Nonlinear Stiffness and Damping of Oil Film

6.4.1 Modelling of oil film nonlinearity

The dynamics of thrust bearings are extremely complicated. The stiffness and damp-

ing of the oil film are normally nonlinear functions of the thrust load and oil film

thickness. In the application of PIV control, the thrust load can be regarded as

quasi-constant under each of the steady operational conditions.

The equations given in [64] can be used to approximately give the expression of

the stiffness and damping in terms of oil film thickness as follows:


Kt = K̄tµeffUtBtL

2
t

h3 = K∗t
(h0 + x1 − x3)3

Ct = C̄tµeffBtL
3
t

h3 = C∗t
(h0 + x1 − x3)3

(6.23)

where µeff is effective dynamic viscosity of the oil; Bt and Lt are the thrust bear-

ing geometries; Ut is the relative speed difference; x1 and x3 are the bearing house

displacement and shafting displacement, respectively, and K∗t and C∗t are unknown

constants that can be incorporated into θ21 and θ22 and be treated with the param-

eter estimators developed earlier.

In the above expressions, h0 is the initial oil film thickness produced by the static

thrust load. It can be roughly estimated from the static load-thickness relation [61],

Wt = 6µoilUtLtB2
t

h2
0(a− 1)2

(
ln a− 2a− 1

a+ 1

)
ηw (6.24)

where Wt is the static thrust load of the thrust bearing, which could be assessed

based on empirical computation or measurement. ηw is a function of ratio Lt/Bt

which is available empirically. a is the ratio of the maximum thickness to the min-

imum thickness of the oil film wedge and is formed along the tilting surface of the

thrust pads.
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It should be pointed out that, in Equation (6.23), the effect of the dynamic

response x1 and x3 on the oil film thickness would have more complicated form

than that of (h0 + x1 − x3). However, in order to focus on the control part of the

PIV excitation, instead of the hydrodynamics of the oil film of the thrust bearing,

reasonable simplification was applied and the aforementioned (h0 + x1 − x3) was

assumed to be acceptable in this research at this stage.

6.4.2 Controller design for the propeller-shafting system with

oil film nonlinearity

This section presents the design of the backstepping nonlinear controller with the

inclusion of oil film nonlinearity. The system in this section was assumed to be

certainty equivalent again. Based on the results from this section, an adaptive non-

linear controller that comprehensively engages parameter estimation, disturbance

observation and oil film nonlinearity is given in the next section.

The model in Equation (5.21) can now be written as:



ẋ1 = x2

ẋ2 = −
[ θ21

(h0 + x1 − x3)3 + θ23
]
x1 −

[ θ22

(h0 + x1 − x3)3 + θ24
]
x2 + θ21x3 + θ22x4

(h0 + x1 − x3)3

− θ25
x2

5

(g01 − x1 + x3)2 + θ25
x2

6

(g02 + x1 − x3)2

ẋ3 = x4

ẋ4 = rθ21x1 + rθ22x2

(h0 + x1 − x3)3 −
[ rθ21

(h0 + x1 − x3)3 + θ41
]
x3 −

[ rθ22

(h0 + x1 − x3)3 + θ42
]
x4

+ rθ25
x2

5

(g01 − x1 + x3)2 − rθ25
x2

6

(g02 + x1 − x3)2 + Fp
Ms

ẋ5 = θ51x5 + u1

ẋ6 = θ61x6 + u2

y = [x1 x2]T ,
(6.25)
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where the definition of the constants are the same as Equation (5.21), except for the

following two constants:

θ21 = K∗t
Mh

, θ22 = C∗t
Mh

.

Following the same procedure as the backstepping design, the virtual control force

after the first two steps is given as:

Fα = (θ21x1 + θ22x2 − θ21x3 − θ22x4)
(h0 + x1 − x3)3 + θ23x1 + θ24x2 − x1 − k1x2 − k2x2 − k1k2x1 .

(6.26)

The virtual currents in Step 3 then have the following derivatives, where the sub-

functions φ1, φ2, ξ1 and ξ2 are defined in Equation (6.9):



α̇21 =
[
− φ1(•) + ξ1(•)∂Fα

∂x1

]
ẋ1 +

[
ξ1(•)∂Fα

∂x2

]
ẋ2

+
[
φ1(•) + ξ1(•)∂Fα

∂x3

]
ẋ3 +

[
ξ1(•)∂Fα

∂x4

]
ẋ4

α̇22 =
[
φ2(•) + ξ2(•)∂Fα

∂x1

]
ẋ1 +

[
ξ2(•)∂Fα

∂x2

]
ẋ2

+
[
− φ2(•) + ξ2(•)∂Fα

∂x3

]
ẋ3 +

[
ξ2(•)∂Fα

∂x4

]
ẋ4 .

(6.27)

In the above equations:

∂Fα
∂x1

= (−2θ21x1 − 3θ22x2 + 2θ21x3 + 3θ22x4 + θ21h0)
(h0 + x1 − x3)4 + θ23 − 1− k1k2 ,

∂Fα
∂x2

= θ22

(h0 + x1 − x3)3 + θ24 − k1 − k2 ,

∂Fα
∂x3

= (2θ21x1 + 3θ22x2 − 2θ21x3 − 3θ22x4 − θ21h0)
(h0 + x1 − x3)4 ,

∂Fα
∂x4

= − θ22

(h0 + x1 − x3)3 . (6.28)

Regulating the derivative of the following Lyapunov function as non-positive

V3 = 1
2z

2
1 + 1

2z
2
2 + 1

2z
2
3 + 1

2z
2
4 (6.29)
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yields the control input as:

u1 =− k3z3 − θ51x5 + θ25
z2(z3 + 2α21)

(g01 − x1 + x3)2 +
{
− φ1(•) + ξ1(•)

×
[(−2θ21x1 − 3θ22x2 + 2θ21x3 + 3θ22x4 + θ21h0)

(h0 + x1 − x3)4 + θ23 − 1− k1k2

]}
x2

+
{
ξ1(•)

[
θ22

(h0 + x1 − x3)3 + θ24 − k1 − k2

]}{
−
[ θ21

(h0 + x1 − x3)3 + θ23
]
x1

−
[ θ22

(h0 + x1 − x3)3 + θ24
]
x2 + θ21x3 + θ22x4

(h0 + x1 − x3)3 − θ25
x2

5

(g01 − x1 + x3)2

+ θ25
x2

6

(g02 + x1 − x3)2

}
+
{
φ1(•) + ξ1(•)

[(2θ21x1 + 3θ22x2 − 2θ21x3 − 3θ22x4

(h0 + x1 − x3)4

− θ21h0

(h0 + x1 − x3)4

]}
x4 + ξ1(•)

[
− θ22

(h0 + x1 − x3)3

]{
rθ21x1 + rθ22x2

(h0 + x1 − x3)3

−
[ rθ21

(h0 + x1 − x3)3 + θ41
]
x3 −

[ rθ22

(h0 + x1 − x3)3 + θ42
]
x4

+ rθ25
x2

5

(g01 − x1 + x3)2 − rθ25
x2

6

(g02 + x1 − x3)2 + Fp
Ms

}
, (6.30)

u2 =− k4z4 − θ61x6 − θ25
z2(z4 + 2α22)

(g02 + x1 − x3)2 +
{
− φ2(•) + ξ2(•)

×
[(−2θ21x1 − 3θ22x2 + 2θ21x3 + 3θ22x4 + θ21h0)

(h0 + x1 − x3)4 + θ23 − 1− k1k2

]}
x2

+
{
ξ2(•)

[
θ22

(h0 + x1 − x3)3 + θ24 − k1 − k2

]}{
−
[ θ21

(h0 + x1 − x3)3 + θ23
]
x1

−
[ θ22

(h0 + x1 − x3)3 + θ24
]
x2 + θ21x3 + θ22x4

(h0 + x1 − x3)3 − θ25
x2

5

(g01 − x1 + x3)2

+ θ25
x2

6

(g02 + x1 − x3)2

}
+
{
φ2(•) + ξ2(•)

[(2θ21x1 + 3θ22x2 − 2θ21x3 − 3θ22x4

(h0 + x1 − x3)4

− θ21h0

(h0 + x1 − x3)4

]}
x4 + ξ2(•)

[
− θ22

(h0 + x1 − x3)3

]{
rθ21x1 + rθ22x2

(h0 + x1 − x3)3

−
[ rθ21

(h0 + x1 − x3)3 + θ41
]
x3 −

[ rθ22

(h0 + x1 − x3)3 + θ42
]
x4

+ rθ25
x2

5

(g01 − x1 + x3)2 − rθ25
x2

6

(g02 + x1 − x3)2 + Fp
Ms

}
. (6.31)
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6.4.3 Simulation results

The simulations are based on the same model of the propeller-shafting system that

is given in Table 3.1.

Figure 6.10 to Figure 6.11 give the system response and closed-loop errors of the

nonlinear controller with the inclusion of oil film nonlinearity. The forces generated

in the actuators are given in Figure 6.12 and the control current that each of the

AMAs carried is shown in Figure 6.13.

6.4.4 Observations and comments

Observation 6.4.4.A: The response of the system before control is not symmetric

because of the presence of the nonlinear stiffness and damping. The transient period

of the shafting response is longer than the case when oil film nonlinearity is not

included.

Observation 6.4.4.B: The added nonlinearity of the propeller-shafting system is

controllable under the nonlinear backstepping controller, where the close-loop errors

all converge to zero after a short transient period.

Observation 6.4.4.C: The control forces needed are almost the same as when oil

film nonlinearity is not included.

Observation 6.4.4.D: The control currents carried in the two single-sided AMAs

have different peak values after reaching a steady state. This non-symmetrical phe-

nomenon is caused by the nonlinearity property of the oil film dynamics.
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Figure 6.10: Propeller-shafting system response before and after control with oil
film nonlinearity; (x1, x2)–bearing house response; (x3, x4)–shafting response; re-
sponse before control is not symmetric; control was turned on at 10 s. dotted line:
virtual lines marking the “should-be” boundary of a symmetric response

Figure 6.11: Closed-loop errors z1 − z4 after control with oil film nonlinearity;
control was turned on at 10 s
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Figure 6.12: Control forces generated in the AMAs with oil film nonlinearity;
control was turned on at 10 s

Figure 6.13: Control currents carried in the coils of the AMAs, system with oil
film nonlinearity; solid line: AMA1 current; dotted line: AMA2 current; control was
turned on at 10 s
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6.5 Adaptive Nonlinear Controller

System uncertainties, unknown disturbance and oil film nonlinearity have been ad-

dressed separately in Section 6.2 ∼ Section 6.4 of this chapter. In practice, these

issues are usually a combined form and presented together. In this section, a compre-

hensive adaptive nonlinear controller that was designed to deal with the combined

issues based on previous works is presented and analysed.

6.5.1 Summary of control design

The main results of the controller design are summarised as follows:

Step 1:

Lyapunov function:

V1 = 1
2z

2
1 . (6.32)

Virtual control is:

α1 = −k1z1 . (6.33)

Step 2:

Lyapunov function:

V2 = 1
2z

2
1 + 1

2z
2
2 + 1

2γ1
(θ21 − θ∗21)2 + 1

2γ2
(θ22 − θ∗22)2

+ 1
2γ3

(θ23 − θ∗23)2 + 1
2γ4

(θ24 − θ∗24)2 . (6.34)

Virtual control force is:

Fα =θ
∗
21x1 + θ∗22x2 − θ∗21x3 − θ∗22x4

(h0 + x1 − x3)3 + θ∗23x1

+ θ∗24x2 − x1 − k1x2 − k2x2 − k1k2x1 , (6.35)
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with the estimations of the unknown constants given by the following adaptive laws

θ̇∗21 = −γ1 (x1z2 − x3z2)
(h0 + x1 − x3)3 , θ̇∗22 = −γ2 (x2z2 − x4z2)

(h0 + x1 − x3)3 ,

θ̇∗23 = −γ3x1z2, θ̇∗24 = −γ4x2z2 . (6.36)

Step 3:

Lyapunov function:

V3 =V2 + 1
2z

2
3 + 1

2z
2
4 + 1

2β1

(
θ21 − θ̂21

)2
+ 1

2β2

(
θ22 − θ̂22

)2

+ 1
2β3

(
θ23 − θ̂23

)2
+ 1

2β4

(
θ24 − θ̂24

)2
+ 1

2β5

(
θ41 − θ̂41

)2

+ 1
2β6

(
θ42 − θ̂42

)2
+ 1

2ζ1
(Fp − F ∗p )2 . (6.37)

The same functions φ1, φ2, ξ1 and ξ2 as in Equation (6.9) are defined to have the

control input as follows:

u1 =− k3z3 − θ51x5 + θ25
z2(z3 + 2α21)

(g01 − x1 + x3)2 +
{
− φ1(•) + ξ1(•)

×
[(−2θ∗21x1 − 3θ∗22x2 + 2θ∗21x3 + 3θ∗22x4 + θ∗21h0)

(h0 + x1 − x3)4 + θ∗23 − 1− k1k2

]}
x2

+
{
ξ1(•)

[
θ∗22

(h0 + x1 − x3)3 + θ∗24 − k1 − k2

]}{
−
[ θ̂21

(h0 + x1 − x3)3 + θ̂23
]
x1

−
[ θ̂22

(h0 + x1 − x3)3 + θ̂24
]
x2 + θ̂21x3 + θ̂22x4

(h0 + x1 − x3)3 − θ25
x2

5

(g01 − x1 + x3)2

+ θ25
x2

6

(g02 + x1 − x3)2

}
+
{
φ1(•) + ξ1(•)

[(2θ∗21x1 + 3θ∗22x2 − 2θ∗21x3 − 3θ∗22x4

(h0 + x1 − x3)4

− θ∗21h0

(h0 + x1 − x3)4

]}
x4 + ξ1(•)

[
− θ∗22

(h0 + x1 − x3)3

]{
rθ̂21x1 + rθ̂22x2

(h0 + x1 − x3)3

−
[ rθ̂21

(h0 + x1 − x3)3 + θ̂41
]
x3 −

[ rθ̂22

(h0 + x1 − x3)3 + θ̂42
]
x4

+ rθ25
x2

5

(g01 − x1 + x3)2 − rθ25
x2

6

(g02 + x1 − x3)2 +
F ∗p
Ms

}
− ξ1(•)

(h0 + x1 − x3)3

×
{
γ1z2(x3 − x1)2 + γ2z2(x4 − x2)2

(h0 + x1 − x3)3

}
− ξ1(•)

[
γ3z2x

2
1 + γ4z2x

2
2

]
, (6.38)
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u2 =− k4z4 − θ61x6 − θ25
z2(z4 + 2α22)

(g02 + x1 − x3)2 +
{
− φ2(•) + ξ2(•)

×
[(−2θ∗21x1 − 3θ∗22x2 + 2θ∗21x3 + 3θ∗22x4 + θ∗21h0)

(h0 + x1 − x3)4 + θ∗23 − 1− k1k2

]}
x2

+
{
ξ2(•)

[
θ∗22

(h0 + x1 − x3)3 + θ∗24 − k1 − k2

]}{
−
[ θ̂21

(h0 + x1 − x3)3 + θ̂23
]
x1

−
[ θ̂22

(h0 + x1 − x3)3 + θ̂24
]
x2 + θ̂21x3 + θ̂22x4

(h0 + x1 − x3)3 − θ25
x2

5

(g01 − x1 + x3)2

+ θ25
x2

6

(g02 + x1 − x3)2

}
+
{
φ2(•) + ξ2(•)

[(2θ∗21x1 + 3θ∗22x2 − 2θ∗21x3 − 3θ∗22x4

(h0 + x1 − x3)4

− θ∗21h0

(h0 + x1 − x3)4

]}
x4 + ξ2(•)

[
− θ∗22

(h0 + x1 − x3)3

]{
rθ̂21x1 + rθ̂22x2

(h0 + x1 − x3)3

−
[ rθ̂21

(h0 + x1 − x3)3 + θ̂41
]
x3 −

[ rθ̂22

(h0 + x1 − x3)3 + θ̂42
]
x4

+ rθ25
x2

5

(g01 − x1 + x3)2 − rθ25
x2

6

(g02 + x1 − x3)2 +
F ∗p
Ms

}
− ξ2(•)

(h0 + x1 − x3)3

×
{
γ1z2(x3 − x1)2 + γ2z2(x4 − x2)2

(h0 + x1 − x3)3

}
− ξ2(•)

[
γ3z2x

2
1 + γ4z2x

2
2

]
. (6.39)

The estimations of the unknown constants are given by the following adaptive laws:

˙̂
θ21 =− β1

{[
z3ξ1(•) + z4ξ2(•)

]
·
[

θ∗22
(h0 + x1 − x3)3 + θ∗24 − k1 − k2

]

+
[
rξ1(•) + rξ2(•)

] θ∗22
(h0 + x1 − x3)3

}
(x3 − x1)

(h0 + x1 − x3)3 ,

˙̂
θ22 =− β2

{[
z3ξ1(•) + z4ξ2(•)

]
·
[

θ∗22
(h0 + x1 − x3)3 + θ∗24 − k1 − k2

]

+
[
rξ1(•) + rξ2(•)

] θ∗22
(h0 + x1 − x3)3

}
(x4 − x2)

(h0 + x1 − x3)3 ,

˙̂
θ23 =β3

{[
z3ξ1(•) + z4ξ2(•)

]
·
[

θ∗22
(h0 + x1 − x3)3 + θ∗24 − k1 − k2

]}
x1 ,

˙̂
θ24 =β4

{[
z3ξ1(•) + z4ξ2(•)

]
·
[

θ∗22
(h0 + x1 − x3)3 + θ∗24 − k1 − k2

]}
x2 ,

˙̂
θ41 =− β5

{[
z3ξ1(•) + z4ξ2(•)

]
· θ∗22

(h0 + x1 − x3)3

}
x3 ,

˙̂
θ42 =− β6

{[
z3ξ1(•) + z4ξ2(•)

]
· θ∗22

(h0 + x1 − x3)3

}
x4 . (6.40)
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and the estimation of the disturbance amplitude is given by:

Ḟ ∗p =ζ1

{
1
Ms

[
z3ξ1(•) + z4ξ2(•)

]
· θ∗22

(h0 + x1 − x3)3

}
. (6.41)

6.5.2 Simulation results

The simulation used the same model of the propeller-shafting system given in Ta-

ble 3.1. Design constants and most initial guesses were set the same as in Table 6.1;

the initial guess of the propeller excitation amplitude was set at 1e4 N and constant

ζ1 at 1e6.

Figure 6.14 gives the performance of the comprehensive adaptive nonlinear con-

troller. The estimations of parameters are shown in Figure 6.15 to Figure 6.16, and

observation of the unknown disturbance is given in Figure 6.17.

Figure 6.14: Propeller-shafting system response before and after control with
the comprehensive adaptive nonlinear controller; (x1, x2)–bearing house response;
(x3, x4)–shafting response; control was turned on at 10 s
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Figure 6.15: Performance of parameter adaptive laws of the estimation of oil film
stiffness and damping constants θ21 ∼ θ22; solid line: estimated values; dotted line:
nominal true values; control was turned on at 10 s

Figure 6.16: Performance of parameter adaptive laws of the estimation of θ23 ∼ θ24;
solid line: estimated values; dotted line: nominal true values; the estimations do not
converge to true values; control was turned on at 10 s
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Figure 6.17: Performance of disturbance adaptive laws of propeller induced exci-
tation; solid line: estimated values; dotted line: nominal true values; the estimation
is slowly converging to a constant; control was turned on at 10 s

6.5.3 Observations and comments

Observation 6.5.3.A: The comprehensive adaptive nonlinear controller is capable

of addressing the combined issue of system uncertainties, unknown disturbance and

oil film nonlinearity. The bearing house response was regulated to zero successfully

after the transient period.

Observation 6.5.3.B: The parameter estimators and disturbance observer have

obvious influences on the transient response of the system. The estimators need to

be faster to improve the transient performance of the controller.

Observation 6.5.3.C: As observed in previous sections, the oil film constants of the

nonlinear stiffness and damping are able to converge to true values, while the other

unknown parameters can only converge to some constants that are different from

nominal true values. However, the estimation errors did not affect the comprehensive

controller in achieving the control goals.

191



6.6. CONCLUSIONS

Observation 6.5.3.D: The converging process of the unknown disturbance is slow

which can be improved by a different choice of constant ζ1. The observation con-

verges to a different constant other than the true value. The discrepancy did not

affect the comprehensive controller in regulating the thrust bearing house response.

6.6 Conclusions

The Lyapunov-method-based estimator of an over-parametric structure was designed

to address the issue of system uncertainties. There are two different sets of adaptive

laws existing for the same set of unknown parameters, both of which work along

with the nonlinear control laws. The combined control structures are capable of

regulating the thrust bearing response to zero and stabilising the shafting response.

Since the control inputs could only provide persistent excitation condition to the

adaptation of the oil film stiffness θ21 and damping θ22, the estimations of other un-

known parameters did not converge to the true values; however, those parameters

did converge to some constants different from the nominal values.

A disturbance observer was proposed to estimate the amplitude of propeller in-

duced excitation. The observer was added to the nonlinear controller. Simulations

show that the augmented controller is able to achieve the task of regulating the

bearing house response to zero.

The nonlinearity of oil film stiffness and damping were modelled and substituted

into the system model. The presence of the nonlinearity clearly affects the response

of the system before control. The added nonlinearity of the propeller-shafting sys-

tem is controllable under the nonlinear backstepping controller, where the close-loop

errors all converge to zero after a short transient period. The control efforts required

are almost the same as those required when oil film nonlinearity is not included.

Finally, a comprehensive adaptive nonlinear controller was designed to deal with
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the combined issues of system uncertainties, unknown disturbance and oil film non-

linearity. The comprehensive controller is shown to be capable of handling these

issues simultaneously. The estimation errors of the unknown parameters and dis-

turbance did not affect the adaptive nonlinear controller in achieving the control

goals.
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Chapter 7

Summary and Future Work

7.1 Summary

An adaptive nonlinear controller was proposed in this thesis to control PIV, where

the inherent nonlinearities, unknown parameters and unknown disturbances of a

propeller-shafting system were addressed systematically. System dynamics and con-

trollability were examined first and AMA was then proposed and analysed. Back-

stepping control techniques were employed to develop the nonlinear controller to

cope with the nonlinearities of the system. System uncertainties and unknown dis-

turbance were handled effectively with Lyapunov-method-based adaptive estimators.

The comprehensive adaptive nonlinear controllers are capable of regulating the PIV

energy transmitting into hull structures and stabilising the shafting response for the

uncertain nonlinear propeller-shafting system.

The ultimate goal of PIV control is to attenuate the sound radiation from hull

structures caused by PIV energy. Therefore, it is important to collect evidence for a

general understanding of the links between PIV and the resulting sound radiation.

Experimental investigations were conducted on a torpedo-shaped structure that was

subjected to PIV excitation. The structure’s dynamic behaviour was noticeably

different from that of a typical diaphragm-supported close-end cylinder. It was
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observed that the lowest natural frequency of each modal number pair (n,m) (again,

here the definition of m is slightly different from that in [19]) does not increase with

the ascending node number m under the same circumferential number n because of

the effect of the boundary conditions imposed by the spherical shell and the conical

shell at the two ends. It was also noticed that there is normally no consistent modal

shape along the cylinder. The subsequent sound radiation experiments have shown

that the two modes with a circumferential number of n = 1 have the two highest

radiated sound pressures among all the modes. The sound radiation of the spherical

cap is efficient at its in-phase mode. The maximum sound pressures roughly increase

along the lower order modes and decrease along the higher order modes. The sound

distribution is not fore-end to rear-end symmetric because of the asymmetry of the

torpedo structure along the axial direction. In addition, some modes have left-side

to right-side asymmetry.

The system dynamics and controllability analysis indicate that the propeller-

shafting system has stable zero dynamics and the stability is proven to be of a

type of ISS structure. The propeller shafting of a submarine is a self-contained

system, which means the diverted dynamic energy will be confined in the system

unless dissipated. The confined PIV energy will inevitably affect the remainder of

the system. The study found that the effect of the diverted energy on the shafting

response depends on the configuration of the primary system. It is of particular

interest to notice that there exists a range of systems where the shafting response

can be decreased on success of regulating the bearing house response to zero. The

analysis also shows that, for those systems with large oil film complex stiffness and

bearing foundation complex stiffness, the shafting response can increase significantly

after the active control is applied. The increased response might exceed the physical

bounds of the air gap limit of the AMA.

Detailed study on AMA was conducted in this research. The study first derived

a model of a single-sided AMA, where the force is related to the square of the cross-
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section area of the air gap before the current reaches the saturation point. Practical

design of an AMA involves consideration of some constraints. Particularly, the AMA

structure design is an optimising process towards maximising the force obtainable

under those physical restrictions. A method to optimally design an AMA structure

was proposed. A double-sided AMA model was then given, using the superposi-

tion principle based on single-sided AMA models. To maximise the combined force

achievable in double-sided AMAs, a special force distribution function was proposed

which is differentiable and readily used in controller design. The AMA properties

were examined experimentally. Results show that the peak force generated by the

AMA is close to what is claimed as normal capacity. The experimental study also

reveals that the forces from the AMA are strongly affected by eddy-current loss; the

loss has a quadratic dependency on the frequency of the current carried in the coils.

A nonlinear backstepping controller was first developed for a certainty-equivalent

nonlinear system. The designed controller successfully regulated the bearing house

response (x1, x2) and closed-loop errors to zero, while stabilising the shafting re-

sponse (x3, x4). Analysis of the controller also shows that the required control ef-

forts are clearly affected by the design constant γ0, particularly at the force switching

point; the input voltage could be substantially high if γ0 is chosen to be very small.

After a short transient period, the control currents from the two single-sided AMAs

are found to be almost the same in amplitude. The performance of the nonlinear

controller with different design constants was discussed in detail. The effect of con-

stant choice on the transient settling time and transient overshoot of regulating the

bearing house response (x1, x2) is relatively straightforward: higher values result in

better performance. However, the effect of constant choice on the controller’s per-

formance in stabilising the shaft response (x3, x4) is more complicated. Simulations

and contour plots have shown that different combinations of constants lead to differ-

ent controller performance. There exists optimal choices and combinations of design

constants that allow the controller to reach its best comprehensive performance. The
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AMA force distribution constant γ0 also influences the controller’s performance. The

analysis shows that the transient settling time and overshoot of the controller are

more likely to be affected by the choice of γ0 , while the steady-state errors are not

sensitive to the choice of γ0 values.

To address the issue of system uncertainties, an Lyapunov-method-based es-

timator of an over-parametric structure was designed and incorporated into the

nonlinear controller. Simulations show that the estimator combined with the con-

troller successfully regulated the thrust bearing response to zero. The adaptation

of some unknown parameters did not converge to the true values due to the lack

of persistent excitation conditions; however, these estimations did converge to some

constants different from the true values. A disturbance observer was proposed to

estimate the unknown propeller-induced excitation. The observer was added to the

nonlinear controller. Simulations show that the augmented controller is capable of

regulating the bearing house response and stabilising the shafting response. The

nonlinearity of the oil film stiffness and damping was modelled and included in the

system model. The presence of the nonlinearity clearly affects the response of the

system before control. The added nonlinearity of the propeller-shafting system is

controllable under the nonlinear backstepping controller, where close-loop errors all

converge to zero after a short transient period. The control efforts required are al-

most the same as those required when oil film nonlinearity is not included. Finally,

a comprehensive adaptive nonlinear controller was designed to deal with the com-

bined issues of system uncertainties, unknown disturbance and oil film nonlinearity

based on previous results. The comprehensive controller was shown to be capable of

handling those issues simultaneously. The estimation errors of the unknown param-

eters and disturbance did not affect the adaptive nonlinear controller in achieving

the control goals.
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7.2 Future Work

This research has provided an effective way to control PIV by systematically ad-

dressing the challenging properties of a practical propeller-shafting system. How-

ever, some areas of particular importance and interest require further research work

because of the complexity and the broad scope of this topic.

Broader issues in modelling could be considered to further assess their effect on

controller design and performance, for instance, the internal modes of the shafting by

modelling it as multiple components. In addition, the assumption of a rigid receiving

structure could be relaxed by including the dynamics of the hull structures and that

of the propeller into the model. Also, a wider range of excitation could also been

considered in future research.

On the control design, the initial thickness of the oil film could be estimated

with nonlinear estimation techniques in the future, which was suggested in this

thesis to be derived using net thrust relations. The controller performance analysis

shows that, subject to the choice of design constants, there are optimal combinations

of constants that allow the controller to achieve better performance. Therefore,

research on optimising the nonlinear controller is of great interest.

Further, an experimental implementation of the proposed adaptive nonlinear

controller could be conducted. The results would provide further confirmation of

the capacity, stability and robustness of the controller. More practical issues could

arise, such as air gap limits, electronic delay and sensing errors.

Finally, passive plus active control could be further investigated as a valuable

extension of this research. The passive components could be inserted between the

AMA and the bearing house such that no effect on the thrust delivering shafting

will be induced. The dissipation mechanism introduced by the passive components

will increase the flexibility and capacity of the controllers effectively.
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Appendix A

Routh-Hurwitz Stability Criteria

Routh-Hurwitz criteria give necessary and sufficient conditions for all of the roots

of the characteristic polynomial (with real coefficients) to lie in the left half of the

complex plane. The criteria are stated as the following:

(Routh-Hurwitz Criteria) Given the polynomial,

P (λ) = λn + a1λ
n−1 + · · ·+ an−1λ+ an,

Where the coefficients ai are real constants, i= 1, . . . , n. Define the n Hurwitz

matrices using the coefficients ai of the characteristics polynomial:

H1 = (a1) , H2 =

 a1 1

a3 a2

 , H3 =


a1 1 0

a3 a2 a1

a5 a4 a3

 ,

and

Hn =



a1 1 0 0 . . . 0

a3 a2 a1 1 . . . 0

a5 a4 a3 a2 . . . 0
... ... ... ... . . .

...

0 0 0 0 . . . an


,
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where aj = 0 if j>n. All of the roots of the polynomiam P(λ)are negative or have

negative real part if and only if the determinants of all Hurwitz matrices are positive:

detHj > 0, j = 1, 2, . . . , n.

When n = 2, the Routh-Hurwitz criteria simplify to

detH1 = (a1) = a1 > 0, and

detH2 = det

 a1 1

a3 a2

 = a1a2 > 0

or a1 > 0 and a2 > 0. For polynomials of degree n = 2, 3, 4 and 5, the Routh-Hurwitz

criteria are summarized as:

n = 2 : a1 > 0 and a2 > 0.

n = 3 : a1 > 0, a3 > 0, and a1a2 > a3.

n = 4 : a1 > 0, a3 > 0, a4 > 0, and a1a2a3 > a2
3 + a2

1a4.

n = 5 : ai > 0, i = 1, 2, 3, 4, 5, a1a2a3 > a2
3 + a2

1a4, and

(a1a4 − a5)(a1a2a3 − a2
3 − a2

1a4) > a5(a1a2 − a3)2 + a1a
2
5.
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